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ABSTRACT

Investigation of a Radiantly Heated and Cooled ¢@ffvith an Integrated
Desiccant Ventilation Unit (August 2007)
Xiangyang Gong, B.S., North China Institute of ElecPower, China;

M.S., Southern Illinois University
Chair of Advisory Committee: Dr. David E. Claridge

Radiant heating and cooling have a reputation afeiasing the comfort level and reducing
the energy consumption of buildings. The main athges of radiant heating and cooling are
low operational noise and reduced fan power cosighvusually accounts for more than 30% of
the total energy consumption of an air heating emaling system. Radiant heating and cooling
systems offers a prospective alternative to thesotlly overwhelming use of air heating systems.
Radiant heating and cooling have been suppliegéversl forms, including floor heating, ceiling
heating and cooling, radiant panels and facadertieand cooling. Among them, facade heating
and cooling is the most recently developed radizating and cooling system. Although
extensive research has been done on radiant heatthgooling, there are still several aspects
that have not been thoroughly studied or fully ustied. This dissertation provides a
comprehensive study of several technical issuedivelto radiant heating and cooling systems
that have received little attention in previousegesh. The following aspects are covered in this
dissertation.

First, a heat transfer model of mullion radiatase type of facade heating and cooling, is
developed and verified by measured performance. ddtis model analyzes the complicated
heat transfer process between the mullions andomirglazing, window frames, room surfaces
and inside air using a combined analytical and nmigakmethod. The simulation demonstrates
that the heating or cooling capacity of mullionieddrs is a semi-linear function of supply water
temperature and is affected by the thermal condeictsistance of mullion tubes, the room air
temperature, the supply water flow rate, the oetsiol temperature, etc. A heat transfer model
of overhead radiant panels is also developed, aotbrs which affect the capacity of radiant
panels are discussed.

Second, the impact of the positions of radiatorgergy consumption and thermal comfort
is studied. This dissertation compares the healiragl and comfort level as measured by

uniformity of operative temperature for two diffatdayouts of radiators in the same geometric



space. The radiators are located on two sideseofvthdow in one layout, which corresponds to
facade heating; in the other layout, the radiaddiocated on the ceiling, which corresponds to
overhead radiant panels. Energy consumption anuntdecomfort levels are compared in the
two layouts at different air exchange conditionsdsh on the heat transfer model and the
simulated three dimensional mean radiant tempexalistributions.

Third, the infiltration and the interaction of itfation and mechanical ventilation air to
produce moisture condensation in a radiantly coadfiice is examined. This dissertation
investigates the dehumidification processes of dbkkd desiccant systems and examines the
factors that affect the humidity levels of a radlijarcooled space. The infiltration of the studied
office is also explored by on-site blower door mmament, by analyzing measured £O
concentration data, and through modeling. This stigation shows the infiltration level of the
studied office to range between 0.46 and 1.03 ACH.

Fourth, the integrated sensible heating and coaysiem of mullions, overhead panels, and
fan coils is simulated and compared with a singiet % AV system. The results show that, at the
current infiltration level, a sensible heating aodoling system with an integrated active
desiccant ventilation unit consumes about 28.5%enttoermal energy, 2.8% less electricity and
5.6% more primary energy than a single duct VAVteating and cooling system. The current
system with a presumed integrated passive desiogamtilation unit consumes 21.0% less
thermal energy, 2.3% less electricity and aboufl%illess primary energy than a single duct
VAV system. If the infiltration of the studied offt were zero and the ventilation rate were 650
CFM, it is found that the primary energy consummptad all three systems would be reduced by
17.3%, 34.0%, and 29.8% for the VAV system, thegrated passive desiccant system and the
integrated active desiccant system, respectivampared with their consumption at current

leakage condition.
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CHAPTER |

INTRODUCTION

1.1 Background

Rising energy prices during recent years have fgimtly increased the operating costs of
educational buildings, which adds a substantiatiearon both universities and students. In 2002,
the U.S. Department of Energy initiated a researcgram aimed at applying advanced HVAC
technology to educational buildings to investigaiere comfortable, occupant-friendly and low
energy consumption university building prototyp€ke Intelligent Workplace (IW) at Carnegie
Mellon University was selected as the test sitetticg research program. This program proposed
to build a micro cogeneration unit as an energybupource, and to use waste heat as well as
heat from solar receivers to produce hot and chilater (Yin 2006). The space uses radiant
heating and cooling as its energy distributioneysin the indoor space. Texas A&M University
is taking part in this research program, and fouysts research on the radiant heating and

cooling for the indoor space and the commissiowiiipe necessary systems.

1.2 Introduction of the Intelligent Workplace

The test site, the IW, is a small university offiaeea which includes space for faculty,
graduate student and staff offices and a meetiognrd his office space is used by the Center for
Building Performance and Diagnostics in the Departhof Architecture at Carnegie Mellon
University. The 580/(6228 ff) space uses a radiant heating and cooling systembioed with
a solid desiccant ventilation system. In the nadhe of the IW, “cool waves” are also used to
supply partial cooling in summer. “Cool wave” ischilled beam coupled with a slowly
oscillating fan, which cools room air by forced airculation. The “cool wave” units are
recommended by the manufacturers to meet sensibtednly, in order to avoid mold growth.
21 fan coil units are planned for installation hetsouth zone. The space uses two types of
radiant panels. The first type is radiant mullioas, shown in Figure 1.1, which are installed
vertically along the window frames and are an indgd part of the building facade. The
mullion system is used to offset the heating amglicg load from the windows, and to increase

indoor comfort levels. Another function of the moil system is that grouped mullions can

This dissertation follows the style and format of ASHRRansactions



provide flexible heating and cooling set pointsdah®n the preference of the occupants. The
second type is comprised of overhead radiant paagishown in Figure 1.2, which are used for

spaces located away from the windows.

L —

Radiant v
, Mullion

Figure 1.1 The Radiant Mullions in the IW

Figure 1.2 The Overhead Radiant Panels



These two types of radiant panels are used forirgpah summer and heating in winter.
Chilled water currently is supplied by the campuspl, and hot water is supplied by a steam-to-
water heat exchanger located in the basement wisehk the steam from the campus loop. The
IW chilled and hot water are switched in the sanmeng system between summer and winter,

which corresponds to a two-pipe system.

1.3 Radiant Heating and Cooling System

The radiant heating and cooling systems have ghgdgained popularity in Europe in the
last decade and are frequently discussed in theéetUrBtates. The discussions fall into two
categories. One is thermal comfort and energy gavimenefits from the application of the
radiant heating and cooling (Brunk 1993, Buswell®®3, Kulpmann 1993, Niu et al. 1994,
1995, Behne 1995, Hodder et al. 1998, Imanari.et39, Sodec 1999, Mumma 2001a, 2001b).
The other is the operation and control issues @f ghstem (Simmonds 1994, 1996, Mumma
2002a). Several pilot projects have been constluttigest the concept of the radiant cooling
system. A project which has been a frequent tapigublications appearing in recent years is a
3200 ff educational office space in Pennsylvania State/étsity which applied ceiling radiant
cooling panels with a passive desiccant systemniSaad Mumma 2001, Jeong et al. 2003).
The Intelligent Workplace is another pilot projeting a radiant heating and cooling system.
The distinctive characteristic of the IW radianst®m is the application of mullion heating and
cooling, which is one type of facade heating analing technology. The radiant mullions in the
IW are based on a German patent entitled IntegrBtezhde System Gartner (1968), Patent
number 1,784,864, which states that the heatingceés formed by a hot water circuit which
extends through cavities of the vertical or hortabmetal section of an exterior wall or window.
This system is used to maximize the comfort le¥edpaces. Significant research has been done
regarding radiant heating and cooling. However, liomlheating and cooling (facade heating
and cooling) has received little attention in poasd research. No detailed heat transfer models
or thorough analysis have been reported in the tfgzature.

Radiant cooling is not well accepted in the Unigtdtes. Moisture condensation is a major
concern that restricts the application of radiardling. Theoretically, moisture condensation can
be reduced or avoided by controlling indoor hunyidigvels. Mumma 2001c and Niu 2002 have
addressed the condensation issues in a radiantiecamffice. The indoor humidity level is

determined by several factors such as indoor ldbed, infiltration moisture, and moisture from



ventilation air. In the test case office, the I\We tventilation air is provided by a solid desiccant
ventilation unit. A better understanding of theenaiction among these factors and the solid
desiccant ventilation unit itself is necessary tswre the safe operation of a radiant cooling

system.

1.4 Desiccant Ventilation System

Some researchers (Mumma and Lee 1998, Coad 1998takland Brandemuehl 2002) in
recent years have cast doubt on the capabilityuofitlity control of all-air systems and instead
have proposed the application of a dedicated cataid system (DOAS). The IW applied the
DOAS concept because the radiant heating and gp@anels do not possess the ability to
control humidity. The dehumidification of a radigntheated or cooled space can be
accomplished by using either desiccants (soliddiquiids) or cooling coils. Gatley (2000)
compared the economy of the application of theseraé forms of technology. He concluded
that conventional cooling with recuperative rehegstems offers a better choice when the
required dew point temperature is aboveH@nd the active desiccants are generally a better
choice when the dew point temperature is beloviF4The ventilation air of the IW was supplied
by a passive desiccant unit before winter, 2005¢kvBupplied 100% outside air for the indoor
space. In the winter of 2005, the passive desicuaaittwas replaced by an active desiccant
ventilation unit. The new active desiccant venitlatsystem circulates some return air with the
outside ventilation air. Detailed information anditarature review is provided in Chapters V
and VII. The focus of analysis of the desiccantti&ion unit in this dissertation will be on the
energy efficiency and performance of the integramdtem under different infiltration

conditions.

1.5 Research Motivation
The Intelligent Workplace provides a good demotistnaof a low energy building that

applies many emerging technologies such as fagealinly and cooling, radiant ceiling panels, a
DOAS system with a desiccant wheel, and powerethitisr and shading. The IW AC system
provides good indoor air quality for its occuparite average energy consumption of the IW is
only two-thirds of that of a similar building inéhsame climate zone. However, a low energy
building is not just the result of applying onemoore isolated technologies, but rather is a result
achieved by enhanced integrated system performartoere are still some problems in the

operation of the integrated AC system in the IWimyrthe past several years, such as



insufficient cooling and condensation in summere Totivation of this dissertation is to
investigate the fundamental reasons for these @nubby performing the following work. First,
the radiant mullions and panels in the IW will bedaled to evaluate their performance and
contributions to indoor thermal comfort; seconds ttesearch will simulate the integrated system
to assess the energy efficiency and identify thiweblems that most affect the energy efficiency

of the studied space.

1.6 Objective
Radiant heating and cooling have the potentiakthuce energy consumption in buildings.

They offer a prospective alternative to the cuilgenterwhelming use of air heating systems.
Although extensive research has been done on ttdugating and cooling, there are still several
aspects that have not been thoroughly studied lor funderstood. This dissertation aims to
enhance the understanding of the heat transposiqehgf facade heating and cooling, the effect
of infiltration on indoor moisture levels in a radtly heated or cooled office, and the integrated
system performance. The following aspects will toelied:

Heat transfer models for mullion heating and cagplin

Heat transfer models for overhead radiant panels.

The impact of the position of radiators and vetiblarates on energy consumption and

thermal comfort.

Indoor humidity analysis of a radiantly cooled offi integrated with a desiccant

ventilation system under various infiltration cataiis.

Infiltration investigation.

Performance analysis of the integrated sensibldifgeand cooling system with a

desiccant ventilation unit.

1.7 Methodology

The above objectives can be accomplished by thafislg activities:
Analyzing the fundamental heat transfer of mulli@dliators along the flow direction
and solving for mullion and window surface temperas numerically. The simulated
surface temperatures are compared with the meadatado verify the model.
Studying the radiation, convection and conduction each surface of a simplified
radiantly heated office case to evaluate the hgdtiad of the office with two different

radiator positions, and numerically solving the meadiant temperature distribution and



air temperature distribution to understand the ichp#f window radiators on indoor
comfort.

Studying the infiltration of IW by site measuremerind analyzing previous GO
measurement data.

Simulating the IW by DOE2.1 to obtain hourly burdi loads and simulating the
integrated radiant heating and cooling system bRFRAN coding. Hourly building
loads and weather data are used as an input fonténgrated system model. Integrated
system simulation models are run to evaluate timfogeance of the integrated system
with a passive desiccant ventilation unit and ativacdesiccant ventilation unit,

individually.

1.8 Description of Dissertation Chapters

This dissertation is organized in the following erdChapter 1l describes the modeling of
window mullion radiators and verifies the mullionodel with measured data. Chapter Il
presents the heat transfer model of ceiling radiamels. Chapter IV studies the impact of the
different positions of the radiators on heatingd®and thermal comfort based on two simplified
cases. This chapter is helpful for understandirgdifferent functions of the radiators studied in
Chapters 1l and Ill. Chapter V studies the indoomidity and condensation control in the space
conditioned by a radiant heating and cooling systaeygrated with a desiccant ventilation unit.
This chapter identifies the infiltration rate agrétical variable in controlling the condensation
problem when radiant cooling is used in summer.pBraV| investigates the possible range of
the infiltration rate in the IW. Chapter VIl studighe energy performance of the integrated
sensible heating and cooling system with a destceantilation unit. This chapter uses the
infiltration study results from Chapter VI and caangs the energy consumption of the integrated
system with that of a single duct VAV air heatinglacooling system. Chapter VIII provides the
observations and conclusions resulting from théeaech. The literature review tied to each topic

is provided in the individual chapters.



CHAPTER I

THE PERFORMANCE STUDY OF RADIANT MULLIONS

2.1 Introduction

The Intelligent Workplace (IW) uses heated mulliassits heating source in the winter. The
system can also be used for cooling in the sumiifeg. mullion heating and cooling system is
based on a German patent entitled “Integrated FEa8ydtem Gartner.” The advantages of this
system are an enhanced comfort level and quietabpar Many research studies have been
done regarding the heat transfer model of windoMsanger et al. 1997, Omori et al. 1997,
Larsson et al. 1999, Collins et al. 2000, Collif¥42), but no publications on modeling and
performance evaluation of mullion heating and caplhave been found in the open literature.
Because the mullions are actually radiators andao@&ted only centimeters from the window
glazing, the heat transfer processes between tHkonsuand the window glazing, window
frames, room surfaces and inside air are compticaténderstanding these principles is
important for an accurate simulation of the IW EyeBupply System (IWESS). This chapter
studies the heat transfer process of window muliazhiators. One model has been developed for
the mullion heating and cooling simulation and lmeen verified by measured data. The

simulated results match the measured data very well

2.1.1 Mullion Heating and Cooling System

Mullion radiators and overhead panels were the anBilable heating devices in the IW in
the past several years. Currently, only mulliors ased for heating. The simplified system is
shown in Figure 2.1. In winter, hot water is proelddy a steam-water heat exchanger and is
circulated between the mullions and heat exchahgdrot water pumps. Steam is supplied by
the campus loop. In summer, chilled water is s@gpby the campus loop and is circulated by
the chilled water pump. The heat exchanger, hoempitimps and chilled water pump are all
located in the basement. There is another 33-gpiiomgpump located on the roof of the fourth
floor and underneath the IW. The mullion pump pdes the additional pressure needed to
overcome the head loss in the mullion system. Theze26 groups of mullions in the IW. Each
group has four mullions controlled by one contralve. The mullion pump currently runs at

about 24-gpm during the daytime schedule.
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2.1.2 System Control
Currently, the IW mullion system is the only usdrtiee hot water produced by the heat
exchanger in the basement. The IW control systeletgsys) turns on the basement pump

(HWP1 or HWP2) if the average south zone and naztine indoor temperatures

T ..+ T
(—=uth___nomh) are below the pump set point 69 or if the schedule calls for it. The Metasys

also turns on the fourth floor mullion water pump the average indoor temperature

Tt T . . . . .
(—=uth___nomh) is helow the mullion water pump set point {BPor if the schedule calls for it.

The hot water supply temperature set point is basetthe indoor and outdoor temperatures,

and on a comfort weighting factor. The hot watenpsent equation is:

Tsouth +

Taw_s = 38-T) * fo, + (72- ZT""”h) *f, +120 (2.1)

Tuw s is the hot water supply temperature set poingusland Tow are the indoor

temperatures of the south and north zones, respéctif,, and f,, are outside and inside air

temperature weighting factors. The default valuethese factors are both 1. The steam valve

modulates to maintain the hot water set point teatpee at the outlet of the heat exchanger.

The three way control valve before the mullion puagmtinuously modulates to maintain
the mullion surface temperature set point. The iolsurface temperature set point is decided

by the following equation:

+
south north +T

hws

T (2.2)

mullion - s = 2

2.2 Simulation Assumption

The mullion layout in the IW is shown in Figure 2.Zhe mullions have a double tube
structure, which is vertically attached to the vandframe by an aluminum fin. The outer tube is
aluminum. The inner tube is steel. The space bettese two tubes is filled with epoxy resin.

The detailed window frame structure is shown onlefieside of Figure 2.3.
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In order to set up an applicable model to evaltiaeperformance of the mullions, the space
around the mullion is simplified as an enclosungreésented by dotted lines in Figure 2.3. The
dotted lines stand for an imaginary wall with afann surface temperature;. TThe imaginary
wall is assumed to be infinitely long when calcimgtthe view factors between the imaginary
wall and other surfaces in the enclosurg. S assumed to be equal to the mean radiant
temperature (MRT) of the space (ASHRAE 2005). MRTelated to the indoor air temperature,
the ratio of window area to exterior wall area, &nel size of the space. ASHRAE recommends
that the MRT should be equal to the room air terajpee in a radiantly heated space. Gong and
Claridge (2007), studied the mean radiant tempegadistribution in a mixed radiant and air
heated office. Their results showed that the maaient temperature would be 0 °R higher
than the room air temperature, depending upondbatibn of the radiator in a 100% radiantly
heated space. In the current simulation, the MRassumed to be 0% higher than room air

temperature in the heating model.

The detail of the window frame is complicated. TWiadow frame is an aluminum structure
with a one-inch thermal gap. The U value of thenfeds approximately 0.49 Btu/Ghr-F ). On
the left side of Figure 2.3, one of the common &astructures is shown. In this simulation, the
window frame and mullion are simplified, as showntbe right side of Figure 2.3. The window

frame is assumed to have a uniform thermal resistahR=2.04 (fthr-'F )/Btu.

The windows in the IW are double paned with anspece of %2 inch and a low e-coating.
The typical U value of this kind of window in thedting season is 0.32 - 0.436 Btuf¢Ht-F )
(ASHRAE 2005). The measured data suggest that Btdf ft>-hr-F ) is close to the real U
value in winter conditions. The corresponding Ruaeabf the window is 2.295 (ft2-hF)/Btu.

To evaluate the impact of the mullion radiators hwat transfer at the window surface, this
thermal resistance has been decomposed into tharte mside surface resistance (around 0.68
( ft>-hr-F ) /Btu), conductive thermal resistance (1.36%-nf-F )/Btu), and outside surface
resistance (around 0.25 (%-fir-F )/Btu). The surface resistance varies with thefase
temperature and radiant heat exchanges with otiéaces. Therefore, the inside and outside
surface resistances are evaluated based on thatiopeand weather conditions instead of using

a constant value.

The mullions have a double tube structure. Theririnbe is steel and the outer tube is

aluminum. Epoxy resin fills the gap between theeintube and the outer tube. The total thermal



11

resistance of the double tube is estimated to ®2 00.08 (ff-hr-F)/Btu (U value of 12.5 - 33
Btu/(ft>-hr-"F)). The calibrated simulation has shown that tieerhal resistance of the walls of
the double tubes is close to 0.0408-kit- F)/Btu. The hot water flowing inside the mulliorss i
assumed to be a fully developed flow and the enwagffects are ignored. The hot water is

assumed to be evenly distributed in all the muflionthe IW.
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Figure 2.2 Window Mullion, Frame, and Glass (nostale)
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Figure 2.3 Detailed Window Frame Structure and Siine Calculation Model
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The major dimensions and parameters used in thkomuhodels are:

Window frame U value: 0.49 Btuf{fir-F)

Wall overall U value: 0.049 Btu/ {tr-F)

Mullion outer tube: OD=1.315 inches, D849 inches
Mullion inner tube: OD=0.84 inches, ID6R96 inches
Mullion fin length: 1.8363 inches

Window frame width: 3inches

Window frame shoulder height: 3 inches abibneeglass (indoor side)
Window height: 7 feet 5 inches

Window width: 3 feet 11 inches

Hot/cold supply/return pipe diameter: 1.5 inches

Insulation thickness of pipe: .5 thches

2.3 Heat Transfer Models for Mullion Heating andofiag System

As show in Figure 2.2, five surface temperaturesagsumed to be in the enclosure: tube
surface T, window glass surface,Timaginary wall surface ;] window frame surface 4sTand
tube fin Ts. The imaginary wall surfacesTis assumed to be constant. At steady state, each
surface exchanges radiant heat with the other aesfand convectively exchanges heat with
room air. The window glass and frame also lose tetiie outside environment by conduction.

The heat is supplied to the enclosure by hot wildeing inside the mullion tube.

There are two basic heat transfer models in th&eloontrol enclosure. The first model is
the surface temperature model, which is used teedor the tube surface temperatureahd the
window glass surface temperaturg The second model is the mullion “T” shape fin rlbd
which considers the mullion fin and window framebi® one integrated part. This model is used
to solve for fin surface temperature, window frat@mperature, and conduction heat loss from

the mullion surface to the fin and window framee$é two models are coupled together.

! The system is described when the heating process is engagésb applies to cooling with appropriate
changes in terminology and flow direction, unless otherstisied.
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2.3.1 Surface Temperature Model

The objective of the first model is to determine ttonvection and radiation heat transfer
coefficients in order to solve for the surface tengpure. The convection heat transfer coefficient
is determined by the temperature difference betwbenwall surface and the room air. The
radiation heat transfer coefficient is decided bg taverage temperature level of the two
corresponding surfaces, as shown in the followiggations. The units of temperature and heat

transfer coefficients aréR and Btu/ (ft-hr-F). Please refer to the nomenclature for symbol

definitions.
h, = 02§(T, - T,)** 2.3)
h, =4esT’ (2.4)
7, -1 25)

In the equations above, is the convection heat transfer coefficient apdshhe radiant heat
transfer coefficient. Jis the surface temperature,; Ts the average temperature of surfaces s
and i. If all surface temperatures are assumea tonfiform, the energy balance equation for the

window glass can be written as:

@_ic-win(-ra_ T2)+ F

win-i

6’5(Ti4- T24) :O (26)

in i

Fuini is the view factor from the window glass to thelesure surfacé. T, is the window
glass inner surface temperature. The energy bakeation for the tube surface can be written

as:

q; =h,_,(T,-T)+ F_h(T-T) +q"fin (2.7)

where q”fin is the conduction heat flux at the fin baqéis the heat supply from hot water,

which can be determined from Equation (2.8).
qs = hn (rins - Tb) (28)

Tins IS the inside surface temperature of the innee tdpis the bulk temperature of the hot water,

and h, is the convection heat transfer coefficient at itweer surface of the tube. For one
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differential length, dL, in Figure 2.4:1; also equals the enthalpy change of the fluid & th

differential length dL as shown in Equation (2.9).

at,

0 (2.9)

hin (Tins - Tb) =m* Cp *

hi, can be calculated by Equation (2.10). The Nussaetiber can be determined using Equations
(2.11) and (2.12) [3] for the turbulent flow anak tlaminar flow, respectively.

*
= NUK D, (2.10)
f
5 (Re&-1000*Pr (for turbulent flow) (2.11)
NUD = 1
fa 2

1+127 — ~ PR-1
8

NU = 4.364 (for laminar flow) (21
Re="D (2.13)
u
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Assuming the conductive thermal resistance fromink@le surface of the inner tube to the
outside surface of the outer tube is fRe heat flux from the fluid to the inside sudaaf the
inner tube will equal the heat flux from the insigl&rface to the outside surface of the mullion

tube, which can be expressed by the equation:

. T -T
Qs = = L= hn (Tins - Tb) (214)
R
The inner surface temperaturgstan be solved as:
_ * *
- T,- R*h,*T, (2.15)
1- R[hin
While g, can be expressed as:
qs — hn (Tb - Tl) (2.16)
1- R*h,

If the differential length dL is small enough, thelk fluid temperature, ;f can be seen as
equal to the differential inlet temperature of thid. In a differential calculation, this,ican be
assumed to be known. Substituting Equation (2:1116) Equation (2.7), we obtain the equation

h, (T, - T, .
]in-(Rbt * h;) = hc-m(Tl b Ta) + i Fl—ihri (Tl - T )+ Uin (2'17)

In the enclosure of Figure 2.2,3Ts known. T, and & are considered to be surface

temperatures of the T shaped fin, and can be sdlydatle T shaped fin modeth"fin can also be

obtained from the T shaped fin model. By guessirgheat transfer coefficients, the unknowns
in the enclosures would be the mullion tube surfeeraperature T and the window glass
temperature 4 By combining Equation (2.6) and Equation (2.13)aatwo-equation matrix,, T
and T, can be solved using a small differential lengthc®the surface temperature is solved,
the heat transfer coefficients are then recalcdlated submitted to the first and second models

to again solve for surface temperature. The proisegerated until the heat transfer coefficient
converges; then the heat fluq;, is calculated for the differential length. anéof the

differential length is obtained, the fluid outleniperature can also be found. The fluid outlet

temperature of one differential length will be usecthe inlet temperature of the next differential
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length. By dividing the mullion double tubes aloting flow direction into a certain number of

differential lengths, the temperatures of the roulltube surface and the window glass surface
can be solved numerically. The heat input of ondliorucan be found by summing; * dA of

all the differential segments along the flow direct

2.3.2 T Shaped fin model
In the first model, the ability to determine thellimn surface temperature; Bnd window

glass temperature,Tdepends upon the ability to determine fin surfeaperature J frame

temperature Fand the heat flux at fin basg,,, . These temperatures can be solved using the fin

model. Because the fin and window frame are onenialum part, they are treated as a T shaped
fin. The two shoulders of the window frame can bersas the extension of the “horizontal bar”

of the T shaped fin.

The T shaped fin can be simulated as two parts.fifstepart is the fin of L1 (the vertical
part) in Figure 2.5. The second part is the windame surface (the horizontal part) in Figure
2.5. Assuming that the overall heat transfer coefit on the surface of part 1 is,{Jand
applying the energy balance on a differential langdy, of the part, the following differential
equation can be obtained:

d’T _2*U,,*(T-T.) (2.18)
dy? k* thk

Using a differential equation to express the heatsfer model of the real window frame, as
shown in Figure 2.3, is almost impossible. HoweWfdhe overall heat transfer coefficient from
the inside surface of the window frame to the alésiir is assumed to bgJJthe window frame
surface can be simplified as a fin with an insiderall heat transfer coefficient ofil and an
outside overall heat transfer coefficient of {UBy applying the energy balance for a differential

length of the window frame, the differential eqoatcan be obtained as:

dzT_Uin2+U0utT_UinZ*Ta+U0ut*T0 (219)

dx ? k * thk k * thk
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L1

Uin2

thk

S | el |

Figure 2.5 Simplified Calculation Diagram for Wingdviullion

In order to simplify the calculation, the thicknessof parts 1 and 2 are assumed to be the

same. The tip condition of part 2 is assumed toabi@batic. The boundary conditions for

Equations (2.18) and (2.19) are:

Y=0, T=T, (2.20)
Y=1L1, T, =Ty, (2.21)
m 9T (2.22)
ﬂY Y=L1 T[X
1T 0 (2)2
ﬂY Y=L2
The general solution of governing Equation (2.53) i
g, =Ce¥ +C,e’® (2.24)
g, =T-T, (2.25)
_o2*U, 2.76)
k * thk

The general solution of governing Equation (2.%9) i
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g, =C,e¥ +C,e¥ (2)2
q,=T-T, (2.28)
T SE (2.29)
al Slz
0.5
S, = YUinz *Uou @3
k * thk
S - U in 2 * Ta + U out * To o8 (231)

2 k * thk

Applying boundary conditions (2.20) and (2.21) guBtions (2.24) and (2.27), the constants
Ci, G, G, G4 can be solved as shown in Equations (2.32) - J2.3% temperature distribution
along the T shaped fin can be calculated with Bqoat(2.24) and (2.27) after solving for, ©,,

C;, and Gas;

C = (2S*T,-25*T, +g*a*e ™ - 2g* S *e ™)V + (25 *T,- 2§* T +g*a*e " +24*§*e"Me ¥? (2.32)
@ o2 g g §LZ_ 25*e S*L2 +25,* es;Lz)ea*u +(a* T2 f g g T2 +25%€e L2 _ 2S,* eﬁ*LZ)e— a1

c - (-28*T,+2S*T,+g*a* € +2g* S, * &)V ? +(- 25 * T, +25* T, +g *a* € - 24 * §*&)e ¥ (2.33)
(a* eSfLZ +a* e SFL2 _ 2&* e S*L2 +2%* eS*LZ)ea"Ll +(a* eS*LZ +a* e §*L2 +2§* e S*L2 _ ZSZ* eS*LZ)e- aLl

c o g +T,* et +T,*e all _ T, * el T, *e a*Ll) * gt g SL2 (2.34)
3 @ T2 { gr g T2 _ 2S*e L2 +2S,* es;l_z)ea*u +(@* 52 gr g 52 +25%e L2 _ 2S,* esi*l_z)e- a1

- Qg +T,* gt +T *e all _ T,* et T, *e a*Ll) * g% g2 (235)
4 (a* S gx g2 2S*e SL2 +2S,* espLz)ea*Ll +(a* 2 gr 812 +2S*e Sz _ 2S,* esl*Lz)e- all

In the equations above, =T, - T,. T,is the mullion tube surface temperature. Once the
temperature distribution along the fin is knowre ttonduction heat flux at the fin bagg,, can

be solved by Equation (2.36). Correspondingly, @lierage temperature of the fins\&nd the

window frame () can be found by using integration methods. Bysstkingqy,,, Ts, and &

into the surface temperature model, the first model be solved.

Ay = (thk* dL) 1 (2.36)

Y=0
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In the fin model, the overall heat transfer coaéfits U,; and U, are the summation of the
convection heat transfer coefficient and the weaidhtadiation heat transfer coefficient. The
overall heat transfer coefficient can be foundhey ¢quation:

U=h+ f*h, 32)
i
where R is the convection heat transfer coefficient at $hadied surface; is the view factor

from the studied surface to another surfacen the enclosure, and ;hs the radiation heat

transfer coefficient from the studied surface tother surfacei, in the enclosureh.and hrare

decided by the surface temperature differencesshasvn in Equations (2.3) and (2.4). The
radiant temperature is assumed to be the same adrttemperature in order to simplify the fin

model calculation.

2.4 Comparison of Simulated Results with MeasurathD

The heat transfer models introduced in the preveeiion combined numerical analysis
with theoretical analysis methods. A program hasnberitten based on these models. The
program uses hot water supply temperature, flow, iadoor zone temperature and outside air
temperature as inputs to calculate mullion systetwrater return temperature, mullion surface
temperature distribution (tube surface and fin auej, window frame temperature distribution,
window surface temperature distribution, and heaui by the mullion system. The program

calculates the average mullion and window surfeogperatures (IT,, T, and T in Figure 2.2).

The mullion system operation data are recordechbyW operation engineer. The available
measured data were collected from February 24, ,200@arch 4, 2006. The data were trended
every 30 minutes. During the 10 day measuremeribghethe system was shut down either by
the control system or manually for certain periofisime. When the system is down, a small
amount of hot water runs through the system duaufbion valve leakage. The measured data,
during the system shut downs show a large variafionmullion and window surface
temperatures for different window orientations. Titeason appears to be that hot water is
unevenly distributed among the parallel mullionsewhhe flow rate is very small. This part of
the measured data is not used in the analysis bedha data do not reflect the normal operating

conditions. The measured mullion temperatures atnibrth window are used for comparison
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with the simulated data, because sensors in thiglow receive fewer disturbances due to

occupant activities and radiation than in otherdeins.
The measured data are compared with simulatedtsesthe simulated hot water return
temperaturd,,,, mullion surface temperatufe,,, and window surface temperatdrg,, have

been found to be sensitive to several input pararsstuch as hot water supply temperatye,

conductive thermal resistance of double tubeshdow frame heat transfer coefficieng Jand

window glass conductive thermal resistangg.R hese parameters are adjusted using regression

2 o o
to obtain the best results. AtR =0.0406% U, =049 ftz;Bth' F  and
u u
2 [¢]
R, :mM, the simulated results match the measured resdty well. The
" Btu

sensitivity study is described in the discussiattiea of this chapter. The final simulated results

are shown below.

2.4.1 Hot Water Return Temperature

Figures 2.6 and 2.7 show the comparison of the |lated results with the measured results
as a time series and as a function of supply wateperature, respectively. The simulated
results are quite consistent with the measuredtgegtigure 2.7 indicates that the return water
temperature is close to a linear function of thppby water temperature. This implies that the
mullion return water temperature can be accuratdtimated based on the supply water

temperature, when the indoor air temperature resnailiatively constant at 7.

Figure 2.6 Measured HW Return Temperature vs. SitedIHW Return Temperature
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Figure 2.7 Measured and Simulated HW Return Tentpera as Functions of HW Supply
Temperature

Figure 2.8 Residuals of Hot Water Return Temperag a Function of Hot Water Supply
Temperature

Figures 2.8 and 2.9 show the residuals of the lademreturn temperature. The residuals are
defined as the simulated results minus the meagsesedts. The root mean square error (sample
deviation) of the simulation residuals is ®=9Figure 2.8 shows that the residual trend lireda
non-zero slope when the residuals are plottedfasaion of the supply water temperature. The
non-zero slope may point to a factor or parametegrahan the supply water temperature, which
also affects the simulation errors. Figure 2.9 shtwat the residual trend line slope is close to

zero when they are plotted as a function of theedihce between supply temperature and zone
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temperature. The flat slope indicates that thermetvater temperature may be more accurately
modeled as a function of the difference betweerplsugemperature and zone temperature.
Figure 2.9 considers the effects of the zone teatper (average temperature of the south zone

and the north zone) on the simulation results.

Figure 2.9 Residuals of Hot Water Return Temperbag a Function of the Difference Between
Supply Temperature and Zone Temperature

2.4.2 Mullion Surface Temperature

The program calculates the temperature distribtaiong the mullion tube, fin and window
frame. The output surface temperatures are theageevalues of the temperatures of these
surfaces. All the mullion temperature sensors @I are installed on the fin surface at a height
of 38cm (15 inches) above the floor. Therefore,fthesurface temperatures at the sensor points
are used as the mullion surface temperatures inctpter in order to compare those values

with the measured mullion temperature at the samid.p

The measured and simulated mullion surface tempesitare plotted in Figures 2.10 and
2.11, as a function of the hot water supply temjpeeaand the mullion temperature set points.
The simulated temperatures match the measured tatope very well except for some outlier
points. Figure 2.10 shows that mullion surface terafure is close to a linear function of the hot

water supply temperature. The mullion surface taatpees are controlled by the set points of
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the average zone temperature and the supply wewepetrature. Figure 2.11 shows that the

mullion surface temperatures are also a lineartionof the mullion temperature set points.

Figure 2.10 Measured vs. Simulated Mullion Surfaemperature as a Function of Hot Water
Supply Temperature

Figure 2.11 Measured vs. Simulated Mullion Surfiemperature as a Function of Mullion
Temperature Set Point
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Figure 2.12 Residuals of Mullion Surface Tempeamas a Function of Mullion Temperature
Set Point

Figure 2.13 Normal Probability Plot of Mullion Temyature Residuals
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Figure 2.14 Histogram of Mullion Temperature Resildu

The residuals plot in Figure 2.12 shows that theufation residuals are nearly evenly
distributed along the x-axis. The small non-zeapslmay be caused by a sensor error or errors
in estimation of the thermal conductivity of the ltimn tube and fin. The root mean square error
of the mullion surface temperature (sample deudtics 0.98F. The probability plot and
histogram of the mullion temperature residualssirewn in Figures 2.13 and 2.14. Figure 2.13
indicates that the residuals are normally distebutith two small tails. The histogram in Figure

2.14 also confirms that the simulation residua¢és@ose to normally distributed.

Figure 2.15 Measured vs. Simulated Window Surfarepkrature as a Function of the Outside
Air Temperature
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2.4.3 Window Surface Temperature

The simulated and measured window surface tempesatare plotted in Figure 2.15 as
functions of the outside air temperature. Both meas and simulated data are scattered, which
means that other factors also have an impact owihgow glass temperature. The root mean
square error of the window temperature simulat®rl.il5F. The window glass temperature
sensor on the north window is located 8 inches filmenbottom edge of the window and 3 inches
from the edge of the window frame. The type of acef sensor is a T type thermal couple
embedded in a copper block. The error rate of ieental couple itself is approximately 0.75%
above 32°F, and 1.5% below 32°F. The maximum ahould be less than 0.2°F in winter and
less than 0.5°F in summer. The structure of thes@merliminates the partial influence of
radiation, and the reading is close to the averagelow surface temperature. The window
surface temperature in the simulation output isaherage temperature of the window. Figure
2.16 shows the residuals of window inside surfaaperature simulation. The residuals are
nearly evenly distributed along the x-axis. Theoerof the thermal couple sensor or the

estimation of the thermal conductivity of the wimndglass may cause the small non-zero slope.

Figure 2.16 Residuals of the Window Inside Surfeemperature

2.4.4 Mullion Fin and Window Frame Temperature
Figure 2.17 shows the simulated average temperatutee mullion fin and the window
frame. The figure indicates that the fin surfacengeratures are close to the window frame

temperatures when the hot water temperature is\/dhen the water temperature is high, the fin
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temperature is slightly higher than the window feate@mperature. At a hot water supply
temperature of 12%, the difference between the average fin temperatnd the average frame
is about 2F. The simulation results illustrate the benefitsnallion heat. The temperature of the
aluminum window frame is increased. The increaseddew frame surface temperature

enhances the comfort level of the indoor space.

Figure 2 17 Simulated Fin and Window Frame Tempeest

2.5. Heating Capacity of Mullion Radiators

From the above comparison, it was found that thiewater return temperature, mullion
surface temperature and window frame temperatw@ealhmquasi-linear functions of the supply
water temperature. Therefore, the above three pesscan be approximately predicted by
knowing the hot water supply temperature.

Once the hot water return temperature is knownh#a input by the mullion system can be
easily calculated by the following equation. Thefpenance table of one mullion at the heating

condition state is shown in Appendix 1.

q=m*C,* (Thus - Ter) (2.38)

2.6. Cooling Capacity of Mullion Radiators
The above model can also be used for cooling catioms. In the cooling model, the room
radiation temperature may be the same as the raotaenaperature (ASHRAE 2005) or higher

than the room air temperature depending upon tloengey and window size of the thermal
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envelope. Kilkis (1995) studied the average meatiard temperature under radiant cooling
conditions. The average uncontrolled surface teatpeg, AUST, was used as an indicator of the
mean radiant temperature in his study. He develtpedbllowing correlation:

7
T,- 45
In the above equation, the temperature i§Gn The constant c is 0.5 for a room without

AUST=T, - c*

T, <45C (2.39)

outdoor exposure. It is 1 for a room with one sdposed to the outdoors and a fenestration less
than 5% of the total indoor surfaces. It is 2 fapam with one side exposed to the outdoors and
a fenestration of more than 5% of the total indaunfaces. If the room has two or more outdoor
exposed sides, c is 3. Based on this equationAtHeT (MRT) will be larger than the zone air
temperature, Jin Pittsburgh, PA. The summer average temperatuRitisburgh, PA is around
68.6°F. To simplify the simulation, the MRT value baseu equation (2.39) is 0.85 higher
than the room air temperature. This corresponds MRT of 72.88F when the room air is 72

°F in the cooling season.

Figure 2.18 shows the performance of a window mmlivhen cooling, assuming the outside
air temperature is 68b and the room air temperature is°F2 The chilled water return
temperature, I, the tube surface temperaturg,d and the window frame temperature, @re
all linear functions of the chilled water supplymjgerature. Once the return temperature is
solved, the cooling capacity of the mullion systean be found by Equation (2.38).

The dew point of the indoor space is approximafdRF at 50% RH with an air temperature
of 72°F. Figure 2.18 indicates that the cold water supgtyperature can be no lower than°67

in order to maintain a mullion tube surface averageperature that is higher tharB1

Figure 2.19 shows that the total heat transferfimbet under natural convection conditions
is 1.48-1.6 Btu/( fehr-F ) under cooling conditions. The performance tatfleone mullion

under the cooling conditions is shown in Appendix 2
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Figure 2.18 Simulated Mullion Temperatures Whenligo

Figure 2.19 Heat Transfer Coefficients for the GoglModel

2.7. Discussion
Typical winter and summer conditions assumed ferdiscussion in this section are a zone

temperature of 7F, with a winter outside air temperature ofB&nd a summer value of 686

2.7.1 Window Surface Temperature
As discussed in the model section, the window serfamperature is assumed to be uniform
over one differential length when the radiationtheansfer between the mullion surface and the

window surface is calculated. However, the windowface temperature changes from the
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window frame to the center of the window glass.iBgiheating, the closer to the window frame,
the higher the glass temperature. Differentiatimg view factor from the window glass to the
mullion at each numerical length, as discussedhénmiodeling section, allows the temperature
distribution along the horizontal direction to lmifid by an energy balance analysis. Figure 2.20
shows the temperature profiles of the window glassfour different hot water supply

temperatures.
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Figure 2.20 Window Temperature Profiles for FouffBient Hot Water Conditions
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As shown in Figure 2.20, the higher the hot watgapdy temperature, the higher the window
edge temperature. The temperature variation framdrto center is higher when the mullion
radiation temperature is high. The variation iswt8F when the hot water temperature is 20
The variation decreases to B, when the hot water temperature is ‘B0 However, the
temperature at the center of the glass only inesehg approximately 0.F, as shown in Figure
2.21, when the supply water temperature increases 90F to 120F. The inner window glass
has a large temperature gradient within 1 foot fritra window mullion. The temperature

gradients in the two feet of glass in the centgahefwindow are very small.

Table 2.1 Window Glass Temperature Variation atrHdifferent Hot Water Supply

Temperature Conditions Wit-FP =38°F
Twe=120F | Thwe=110F | Thws=100F | ThWe=90°F
Edge 64.867 64.074 63.297 62.53b
Center 61.706 61.622 61.539 61.45p
Average 62.56 62.289 62.017 61.75p

Figure 2 21 Inner Surface Temperature Distributiatshe Midpoint of the Window Height
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Table 2.1 shows the maximum and minimum temperatatethe halfway mark of the
window height for four conditions. The overall azge temperatures are also shown in Table 2.1.
It can be found that the average temperature aaies about 0.8, when the hot water supply

temperature varies from 9B to 120°F.

2.7.2 The Effect of Space between Mullions

The space between two mullions has an insignificapact on the heating capacity of each
mullion, which can be deduced from Table 2.2. Thatimg capacity of each mullion depends
upon the supply water temperature, the conductagistance of each mullion and the total
surface area of the mullion radiator (the tubeamefplus the fin), and is almost independent of
the space between the two mullions. However, tlaeesfpetween the two mullions affects the
inside temperature distribution of the window glasigiures 2.20 and 2.21 show that the inside
glass temperatures within one foot from the musliane affected by mullion temperature. When
mullion spacing is small, a greater percentage ioflow glass surface will be affected by the
mullion temperature. The average inside surfaceésature of the window glass will be slightly
increased. Table 2.2 shows the heating capacity sanfice temperatures for four different
mullion spacings. It can be seen that the surfacepératures are almost the same at four

mullion spacings or window widths. The average wiwdemperature is affected slightly.

Table 2.2 Mullion Performance at Different WindowdW's

\Window Width (Mullion Space) L=3.5ft L=4.0ft L=4.5ft L=5.0ft
Hot Water Supply Temperatuife 120 120 120 120
Heating Input Per Mullion

(Btu/(hr*mullion) 801.036 801.500 801.614 801.710
Tube Surface Temperatufe 107.886 107.884 107.882 107.881
Fin Surface Temperaturie 103.390 103.388 103.387 103.386
\Window Frame Temperature 101.540 101.540 101.539 101.528
IAverage Window Glass Inside

Surface Temperature 62.726 62.559 62.427 62.318
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2.7.3 Mullion Fin Length
The mullion fin length affects the total heat tri@nsarea. The heat transfer rate from mullion

to room air and window glass increases when thdionufin length increases. The average
window inside glass temperature will also incredkable 2.3 compares the heating input per
mullion and surface temperatures at four differént lengths when the hot water supply
temperature is 12B. Table 2.3 shows that the heating input to tlidm space increases with
an increasing mullion fin length. The heating caligbwill increase about 5% when the fin
length increases by 15mm (0.59in) from its curnaitie of 45mm (1.83in). The window frame

temperature and average fin surface temperatureasse when the fin length increases.

Table 2.3 Mullion Performance at Different Mulliéin Lengths

L=30mm | L=45mm L=60mm L=75mm

Mullion Fin length (1.18in) (1.83in) (2.36in) (2.95in)

Hot water Supply temperatuie 120 120 120 120

Heating Input Per Mullion

Btu/(hr*mullion) 764.40 801.30 824.636 848.77

Tube Surface Temperatufe 108.41 107.89 107.54 107.23

Fin Surface Temperaturie 105.74 103.40 101.84 100.00

Window Frame Temperature 103.21 100.5 98.42 96.27

Average Window Glass Inside

Surface TemperaturE 62.38 62.56 62.70 62.86

The length of the mullion fins is not only decidey the heating load, but also by the space
available and the window appearance. A long fih mitkke some space close to windows not as

useful, and affect the overall aestheti€she indoor space.

2.7.4 Thermal Conductivity of Mullion Double Tubes

The thermal conductivity of the mullion double tsbis a primary factor affecting the
heating capacity and surface temperature of thdional The double tubes and gap-filling
material are used to control the surface tempezatdfirthe mullion. The total mullion tube
conductive thermal resistance can be varied bygudifierent gap-filling materials. The filling

lowers the mullion heating capacity. However, witee mullion is used for cooling, the double
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tube structure and gap-filling material will incseathe mullion surface temperature and reduce
the risk of moisture condensation on the mullioriasze.

Figure 2.22 Heating Capacity of Mullions at Fourfidrent Values of Tube Wall Thermal
Resistance

Figure 2.22 shows the mullion heating input togpeace at four different values of tube wall
thermal resistance. From this figure, it can bendbat the heating capacity of one mullion can
increase about 11% if the conductive resistandbeftube is reduced from 0.04 {-Fr-'F )/Btu
to 0.02 ( ff-hr-'F )/Btu. The mullion heating capacity will decread®ut 9% if the conductive
resistance of the tube increases from 0.0%{riF )/Btu to 0.06 ( fthr-F )/Btu.

Figure 2.23 shows that the mullion tube surfaceptnature varies dramatically with
changes in mullion tube thermal resistance. The subface temperature can increase abdet 4
if the conductive resistance of the tube decre&ses 0.04 ( ft-hr-F )/Btu to 0.02 ( fthr-

'F )/Btu at a hot water temperature of 125
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Figure 2.23 Mullion Tube Surface Temperature atHoifferent Values of Tube Wall Thermal
Resistance

2.7.5 Window Frame Thermal Conductivity

The current window frame has a one-inch insulateeinhal gap. The typical thermal
conductivity of this type of window frame is abdu#t9Btu/( f&-hr-'F ). The corresponding R-
value is 2.04( fthr-F )/Btu. The thermal resistance of the window fraaffects the heat loss
from the inside to the outside. Figure 2.24 shdwed the heat input from the mullion increases
about 9% when the window frame thermal resistamopsifrom 2.0 ( fthr-F )/Btu to 1.0( ft-
hr-F )/Btu. The window frame temperature also dromsnfrl04.3F to 101.7F, because the
conduction heat loss increases. However, when hbhanial resistance of the window frame
increases from 2.0(%hr-F )/Btu to 3.0( ft-hr-F )/Btu, the heat input from a mullion only
decreases about 3%. The change in heat input fronulkon is not a linear function of the

change of window frame thermal resistance.
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Figure 2.24 Heating Capacity of Mullions at Fourfi@rent Window Frame Thermal
Resistances

Figure 2.25 Window Frame Surface Temperature atrBitferent Window Frame Thermal
Resistances

Figure 2.25 shows how the window frame temperavaréges with different window frame
thermal resistances. At a hot water temperatur@2&fF, the frame temperature drops about
2.6°F when the frame resistance decreases from Z-0¢-fE )/Btu to 1.0( fi-hr-'F )/Btu. The
frame temperature increases about°.9vhen frame resistance increases from 2.8frit

'F )/Btu to 3.0( ft-hr-F )/Btu. The change of frame surface temperatur®isa linear function
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of the change of frame thermal resistance. Thelemale window frame thermal resistance, the
larger the temperature drop from mullion tube te ffame and the higher the heat loss from the

window frame to the outside air.

2.7.6 Effect of Solar Radiation

The incidence of solar radiation on the window acef varies with the orientation of the
windows, the location of surrounding buildings, dhd season. Solar radiation definitely affects
window surface temperatures and the building Idad very difficult to evaluate the effect of
solar radiation on all window surfaces. The soutth west-facing windows gain significant solar
radiation in the winter when the outside louvethasd IW is at an angle of 98 145. The north
and east-facing window gain much less solar ramhaith winter. Because of the effect of solar
radiation, the measured window inside surface teaipees at different orientations vary by up
to 6°F, which includes errors with the sensors. In th@mer, the solar radiation seldom strikes
directly on the surface of the windows becausehef lIbuver shades. Thus, variations in the
window surface temperature should be smaller. Swleidence rarely affects the mullions

because of the shading of the window frame.

Figure 2.26 South Facing Window Inside Surface Texatpre at Two Different Solar
Conditions
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Figure 2.27. Mullion Heat Input at Two Differentl&oConditions

To evaluate the effect of the solar radiation oe thindow surface, the following
assumptions were made: (1) The window faces sd@hThe average Pittsburgh in January
radiation, 960 Btu/(ftday), is equal to an average of 80 Btiftir) in daytime; (3) all window
areas face the sun; (4) The outside air temperaguB®F and the zone air is 72, (5) The
absorption of the outside layer of double pan€sadASHRAE 2006).

The simulated results are shown in Figure 2.26. &aouth-facing window, the average
inner glass surface temperature increases aboik vBen the whole south-facing glass can see
the sun in winter. Figure 2.27 illustrates that thellion heat input to the space is almost the

same, with or without the presence of solar raoiati

2.8 Performance Correlations for the IW Mullion Heg and Cooling System
The performance of IW mullion system can be estudty the following equations, which

are based on the analysis of the detailed simulaésults.
At the heating condition:

T.,=07845T _ _+15369 (2.40)

retd — hws

Ty - 80

D, =-72* 0.0268* % +0.1351 (2.41)



39

3 2

D,=03199 0 _10182 - 411185 ' 105798 (2.42)
023 023 023

T, - 80

T,.=D,* 0.0268* % +0.1351 * T, + D, + T, (2.43)
At the cooling condition:
T = 08067+ T, +13485 (2.44)
D,=-72* % * (- 0.0166 ) + 0.1577 (2.45)

3 2
D, =- 02* % +0.6406* % . 071 % +1.2694 (2.46)

To=D,* 1m0 (00166 +0.1577 *T,+D,+ T, (2.47)

Qtotal = rntotal * 4186* (Thws - Tret) (248)

In above equationgnis the water flow rate passes through single mullio,,, is the total

flow rate of mullion system. [Os room air temperature correction factor; B the flow rate
correction factor. The correlations described abowy apply to the IW system, because they

are derived based on the dimensions and matedpkpties of the mullions used in the IW.

2.9 Summary

This chapter studies the heat transfer principtegiomdow mullion heating and cooling. Two
heat transfer models have been set up througtreiiti@al analysis. The simulation results have
been compared with 10 day’s measured data. The aigop shows that the heat transfer
models predict the measured temperatures with amaan square error (RMSE) of the hot
water return temperature, the mullion surface teatpee, and the window surface temperature
of 0.9CF, 0.98F and 1.1%F, respectively. The simulation study leads to thiéowing
conclusions:

Hot water supply temperature and chilled water supgmperature are the primary factors

that affect the heating or cooling capacity of vamd mullions and the mullion surface
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temperature. Hot/chilled water return temperatungyjlion surface temperature and window
frame temperature are all quasi-linear functionthefhot water supply temperature.

Window surface temperature distribution is affedsgcthe mullion surface temperature and
the outside air temperature. The temperature gnadiethe glazing surface within one foot from
mullions is much higher than in the central parthef window. The temperatures in the central 2
feet of a 4-foot window show almost no influencetbg mullion surface temperature.

The sensitivity study in the discussion sectionvemb that the conductive thermal resistance
of the mullion double tubes plays a decisive raledntrolling the mullion and window frame
temperatures. The double tubes and gap fillingseease the thermal resistance of the mullion
tubes, which results in a lower surface temperdiréeating and a higher surface temperature
for cooling. The higher surface temperature forliogomay be intended to lower the risk of
moisture condensation on the surface of the muliforthe cooling condition. However, the
enhanced thermal resistance decreases the heatingoaling capacity of the mullion. If the
mullions are only used for heating, a single tuinecsure is recommended.

Window frame thermal resistance affects the framéase temperature and heat loss from
the mullion to the outside air. The change of frasudace temperature and the heat loss to the
outside air is a non-linear function of the chanf§éamed thermal resistance, as expected. At a
hot water temperature of 175 the frame temperature drops aboufR,&hen frame resistance
decreases from 2.0(4hr-'F )/Btu to 1.0( fi-hr-'F )/Btu. The frame temperature increases about
0.F when frame resistance increases from 2BhrfiF )/Btu to 3.0( ft-hr-F )/Btu. The
smaller the window frame thermal resistance, tigelathe temperature drop from the mullion
tube to the frame and the higher the heat loss fhenwindow frame to the outside.

From a design perspective, the window width or Bgadetween the mullions has little
impact on the heating capacity or mullion surfaamperature. However, the space between the
mullions will somewhat affect the window’s innerrface temperature distribution and the
window’s average temperature. When the window witktkhreases from 5 feet to 3.5 feet, the
average window surface temperature increases fr@a32% to 62.73F at an ambient
temperature of 3&. Increasing the mullion fin length will increasiee heating or cooling
capacity of the mullion because of the heat traresfea increase. If the fin length increases from
45mm (1.83 inchs) to 60mm (2.36 inches), the hgatiapacity of one mullion will increase
about 3.1%.
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The effect of solar radiation on the temperatusritiution of the window panes depends
upon window orientation, building location and sea®f the year. For a south-facing window
under the sun on a typical winter day, the insidsgtemperature will increase abotiE ivhen

solar radiation is considered.
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CHAPTER 1lI

THE PERFORMANCE STUDY OF OVERHEAD RADIANT PANELS

3.1 Introduction

The overhead radiant panels are the other typeadiaimt device in the IW, as shown in
Figure 1.2. This type of radiant panel is alsoeamhld free-hanging ceiling radiant panel. The
overhead radiant panel can be used for both heaititgcooling in the IW, and there is no
topside insulation on these panels. The overhedidmapanels are supposed to meet a part of
the sensible load of the IW, with panel output @driby controlling the supply water temperature.
Significant research has been done regarding thetrensfer models, and the thermal comfort
and efficiency of ceiling radiant panels. Chen dtabi (1988) developed a radiant panel
simulation model which considered the radiant ogilpanel as an indoor surface exchanging
heat with room air by convection and other roonfases through radiation. Kilkis et al. (1994)
proposed an in-slab type panel model. They pointdgdhat the heat transfer in a panel-cooled
room and the cooling panel itself might be représgiby a quasi-steady state natural convection
model by assuming uniform panel surface temperst\Btetius and Feustel (1995) developed a
2-D radiant panel model by simplifying heat difiusi equations for an in-slab type panel.
Conroy and Mumma (2000) derived an analytical mdoleh top insulated metal ceiling radiant
panel. This model was based on the study of saoléeators conducted by Duffie and Beckman
(1991). The basic methodology in this model waslétermine the panel cooling capacity by
finding the unknown mean panel surface temperaftipen) in an iterative process. However,
the detailed structure of radiant panels variesttygeit is hard to use one general model to
estimate the ceiling panel capacity in the IW. Tdigective of this chapter is to develop a
specific model to estimate the heating and cootiagacity of the radiant panels used in the IW
(no topside insulation) with a focus on the impattthermal contact resistance between the

tubes and aluminum panels.

Some researchers (Awbi and Hatton 2000, Jeong andrivi 2003b), in recent years, have
proposed a mixed convection heat transfer coefficie calculate the radiant panel capacity,
because the ventilation diffusers near the cejiagels create a forced air flow across the ceiling
panels. However, the air velocity near the pandiases is related to the diffuser locations. In

the IW, the ventilation diffusers are either on toeupants’ desks or on the floor, and thus have
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little impact on the convection heat transfer asrbg radiant panels. This chapter will use the

natural convection heat transfer coefficient recanded by ASHRAE 2004.

3.2 Simulation Assumptions

The overhead panel shown in Figure 1.2 consistewéral panel modules. The two pieces
of the panels are connected together by a U-shiaedto form one module. One panel is about
7ft long, and one module is 14ft long (including ttvo panels). A cross section of the copper
tube and aluminum panel is shown in Figure 3.1. [€fteside of Figure 3.1 is the detailed cross-
section of the panel, which is simplified as thghtiside in the simulation process. The bottom

of Figure 3.1 is the simplified thermal resistamegwork. The first termhi, is the thermal
nr

. L .
resistance between the water and the tube surfdmesecond termiR +6, is the thermal

contact resistance and thermal conduction resistafiche fin root section. The third term,

1
U (D+F,(W+D))"

is the thermal resistance of the aluminum f{if, is the average

convection heat transfer coefficient of the upped Bottom surfaces of the panél, is the fin

coefficient, defined in the next section. The tuba 0.5 inch nominal diameter copper tube. The
width of the panel is about 8 inches. All the syfsbased in this figure can be found in the

nomenclature section.



44

0.625"

D

—

a

— L
0.625

]

a

\\

W Ta w

Detailed Radiant Panel Simplified Radiant Panel Model

Ty To Ta
1 R + L %
hinpr ° kD Uo(D+F'(W' D))

Simplified Thermal Resistance Network

Figure 3.1 Detail of an Overhead Radiant Panel

3.3 Heat Transfer Model for Overhead Radiant Panels

3.3.1 Heat Transfer Through the Aluminum Panel

The heat transferred from the radiant panel tartieor space can be divided into two parts.

One is the heat transferred from the root sectipnwhich corresponds to the width of D in

Figure 3.1. The other is the heat transferred fitoenfin section,g,, which equals the width of

(W-D) in Figure 3.1. These two parts of the heax #tan be calculated by the following

equations:
UO
Q= D;(Tb - T) 3.1)
q2 = Fon(W - D)(Tb - Ta) (32)

T, is the air temperaturd, is the temperature in the shaded section in FiguteF, is the fin

heat transfer coefficient, which can be determimgthe following equations:

F, = BnhMW- D)/2) (3.3)
M(W - D)/2
2U
= [0 3.4
M=y (3.4)

The total heat transfer from the panel can be evritis:
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T-T
Q=G +0, = bl 2 (3.5)

Uy( +F W - D))

By considering the water-side resistance, consistance and conduction resistance, shown in
Figure 3.1 as the thermal network, the heat trarediefrom the water to the radiant panel can be

expressed as:

_ Tf B Ta
d, 1 3 1 (3.6)
Tt R+t —
W KW U, +F - D)

The panel heat transfer can also be calculatedehiidg the panel heat transfer efficiency
factorF,, which is a ratio of the overall heat transferftiont between the fluid and the room
air to the overall heat transfer coefficient betw&a and the room air.

d, =WU,(T,; - T)*F, (3.7)

The factorF, can be found by equating Equations (3.6) and (3.7).

1

WU, (3.8)
NN
o KW 0, R w D)

F, =

The water-side convection heat transfer coeffigiépt, can be found by Equations (2.10) and

(2.11) in the previous chapter.

3.3.2 Panel Average TemperatJ;@"
The panel average temperature can be found byrperfg an integration along the water
flow direction of one module. Taking one elemernt,shown in Figure 3.2, the energy balance

can be written as the following equations:

q, * dx+q,* dx=-m,C, *dT, (3.9)

O »U—2° %+2L+D (r,-7,) (3.10)



46

T

dx

Figure 3.2 Differential Element Diagram of a Radi&#anel

By substituting Equations (3.7) and (3.10) into &tipn (3.9), the following governing equation

can be obtained:

dT,

P*U,*(T,-T,)=-mC — (3.11)
p dx

P=F1W+% —’62E+2L+D (3.12)

LettingT =T, - T,, Equation (3.11) can be written as the differéraguation:

dT _ PU

—=- © dx 3.13
T mCp 1)
with the boundary condition:
X =0, T :Tfi - Ta (3.14)
Equation (3.13) can be solved as:
T -T, oo
g=——>=e"™ 18)
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At the module outlet, the water temperaturd js, which can be expressed as the following
equation:

PUs,

T,=T,+(T,-T)*e ™ (3.16)

L1 is the length of one module, which equals twogddengths in the IW. Conroy and Mumma
(2001) defined a heat recovery factartRat relates the actual sensible heat of a partbkt
sensible heat if the whole panel surface wereeafltlid inlet temperature. The total sensible
load can be expressed as in Equation (3.18). Owcettlet temperature is known, the heat

recovery factor of the panel can be calculatechieyfollowing equation:

- mCP(Tfo - Tfi)

R ™ (317
AU, (T, - Ty)

The overall heating or cooling capacity of one mediwan be written as the following

equations by applying the concept of the heat reigofactor and the panel mean

temperature:
0, = FrAU(T, - T5) =mCp (T, - Tj) (3.18)
0 =UA(T, - Ty (3.19)
Based on Equations (3.18) and (3.19), the panehgedemperature can be obtained as:
T =T +%a- Fe) (3.20)

3.3.3 Overall Heat Transfer Coefficiett,
The overall heat transfer coefficietd, , in the previous process is unknowh, can be

found by the following procedure. The total heainsfer rate per unit panel area can be

expressed as the summation of bottom convectidigtian, and top convection and radiation.

qo = (qc + qr)b + (qc + qr)t (321)
Qep = c,b(Tpm - Ta) 43)
qr,b = hr,b(Tpm - AUST) (323)

qc,t = hc,t (Tpm - Ta) 314)
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qr,t = hr,t (Tpm - AUST) (325)

The AUST in the above equation is defined in Equaf.39. The convection heat transfer
coefficient can be found by the following equatiowkich are from Chapter 6 of tRe&SHRAE
Handbook 2004.

h,, = 013*(T,,- T,)** (Heating) (3.26)
h,, = 031* (T, - T,,)*" (Cooling) (3.27)
h,, = 013* (T, - T,,)®° (Cooling) (3.28)
h,, = 031* (T,,,- T.)*" (Heating) (3.29)

The radiant heat transfer coefficiertts, and h,  can be obtained from Equation (3.30). The
AUST, which is close to room air temperature, carobtained from Equation (2.39).

T+ AUST °

hr =4es (3.30)

Once the overall heat transfer ratg, is known, the overall heat transfer coefficiean be

calculated by the following equation:

U= (3.31)
Tpm - Ta

The actualU, can be found by first giving an estimateg,value at the beginning of the

calculation, and then iterating theland theU  value from Equation (3.1) until the two

parameters converge.

3.4 Discussion

3.4.1 The Performance of Radiant Panels in Summer

Figure 3.3 shows the radiant panel performanceumnser. The cooling capacity of the
panel decreases as the supply temperature of chillder increases. When the chilled water
supply temperature is 45°F, the cooling capacityhefpanel is approximately 71.0 Btu/(Hi}ft
It decreases to 44.6 Btu/(hAftwhen the chilled water supply temperature insesao 55°F. In
order to avoid condensation over the panel surfdue supply water temperature is normally
higher than 55 °F. The cooling capacity of the bead panel is normally between 16.9 and 44.6
Btu/(hr-ft) as the chilled water supply temperature variesvéen 55°F and 65°F. Several
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factors affect the cooling capacity of the panaloR air temperature is an important factor that
can affect the cooling capacity of the radiant patie higher the room air temperature, the
higher the temperature difference between the pamédce and the room air. The panel cooling
capacity increases about 58.9% when the room @mipeeature increases from 68°F to 75°F at a
chilled water temperature of 55°F. It may drop @&b®R.4% when the room air temperature
decreases from 72°F to 68°F. The chilled water ftate also has some impact on the panel’'s
cooling capacity. The panel’'s cooling capacity dased about 11.4% when the flow rate

decreased to half of the design flow rate.

Figure 3.4 indicates the average surface temperafuthe radiant panel, which is about 0.5
°F to 3.5°F higher than the inlet chilled water pemature, depending upon the room air
temperature and the inlet water condition. Figurd 3lso illustrates that the room air
temperature has little impact on the panel surfegeperature. The panel surface average
temperature increases about 0.7°F when the rooteraperature increases from 68°F to 75°F.

The performance of the radiant panel in the heatinge is shown in Appendix Ill.

Figure 3.3 The Cooling Capacity of the Overheaddtan
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Figure 3.4 The Average Panel Surface Temperature

Figure 3.5 Heat Transfer Coefficients of the Rati@anel in the Cooling Model

Figure 3.5 shows the change in the heat transtfficent in the panel cooling model. The
convection heat transfer coefficient decreases wdidied water supply temperature increases,
because the temperature difference between thé gparfiace and the room air gets smaller. The

radiant heat transfer coefficient increases wheplsuwater temperature increases because the
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radiant coefficient is a function of the averagmperature of the panel surface and the room air.
The overall heat transfer coefficient,, ldecreases when the supply water temperaturesisese

In general, the overall heat transfer coefficiemsinot vary significantly.

3.4.2 The Performance of the Radiant Panel in Winte

Figure 3.6 shows the heating capacity of the owalradiant panel, which increases as the
hot water supply temperature increases. At theviter supply temperature of 120°F, the
heating capacity of the panel is 144.1 Btu/(Ry-ftvhile it is 19.9 Btu/(hr-fi) at a hot water
supply temperature of 80°F. The supply water teatpee is a primary factor that affects the
heating capacity of the overhead panel, but thenra@r temperature also affects the heating
output of the radiant panel. The lower the roomtamperature, the higher the panel heating
output. The heating capability increases about 8% supply water temperature of 120°F,
when the room air temperature decreases from 6B%. The simulation study also finds that
the hot water flow rate has a slight impact on lieating capacity of the panels. The heating

capacity decreases about 14.2%, if the flow ratedsiced to half of the design value.

Figure 3.7 shows that the average panel surfacpdaeature is proportional to the inlet water
temperature. The average surface temperature ist &® °F to 6.0°F lower than the inlet hot
water temperature when the hot water supply tenperavaries between 80°F and 120°F.
Figure 3.7 also indicates that the room air tempeeaslightly affects the panel surface
temperature. The higher the room air temperatune, higher the radiant panel surface

temperature. The performance of the radiant parealing condition is shown in Appendix IV.

Figure 3.8 illustrates the overall heat transfeefficient, U,, the convective heat transfer
coefficient, hc, and the radiant heat transfer facient, hr, all of which increase as the supply
water temperature increases. The overall paneltheradfer coefficient varies from 2.7 Btu/(hr-
ft?>-°F) to 3.4 Btu/(hr-f-°F) and the natural convection heat transfer dtiefft changes from
0.79 Btu/(hr-ft-°F) to 1.32 Btu/(hr-ft-°F), as the supply water temperature changes 8@1f to
120°F. The reason is that the temperature differdmetween the panel surface and the room air

increases when the hot water supply temperaturedses.



Figure 3.6 The Heating Capacity of the Overheaddban

Figure 3.7 The Overhead Panel Average Surface Teahpe
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Figure 3.8 Heat Transfer Coefficient of the RadiBanel for the Heating Model

3.4.3 The Impact of the Thermal Contact Resistamcthe Performance of the Radiant Panel

In Figure 3.1, the aluminum panel is attached ®\later tube by a clip-shaped structure.
The heat flows from the water tube to the aluminpamel. When the two solid bodies make
contact, a temperature drop across the interfaceirec This is caused by contact thermal
resistance between the water tube and the clipchwhffects the radiant panel performance.
Thermal contact resistance is a complicated phenomeinfluenced by the contact pressure,
contact area, surface roughness, etc. Calculatigcgheothermal contact resistance is difficult,
even impossible, because of the difficulty inheré@mtmeasuring the contact area. When
aluminum panels are attached to the copper waker, tbormally a thermally conductive gel is
used to fill the air cavity and increase the thdrooaductivity between the tube and the panel. In
the above analysis, contact is assumed to be idded. thermal contact resistance, Rs, in
Equation (3.6) and Equation (3.8) is assumed tadve. In a real case it is impossible for the

thermal resistance to be zero if any air gaps exist

Figures 3.9 and 3.10 show the overhead panel peafoce under different thermal contact
resistances, when the room air temperature is 7&@SEhown in Figure 3.9, the cooling capacity
decreases 18.8% when the thermal contact resistaoemases to 0.2 (hr?F)/Btu at an inlet
water temperature of 55°F. The cooling capacity learies from 19.2% to 18.1% when the

supply water temperature increases from 45°F t&6Bf Figure 10, the panel heating capacity
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also decreases when the thermal contact resistamreases. When the thermal contact
resistance increase to 0.2 (H%)/Btu, the heating capacity loss varies betweer9%8and
22.2% for a supply hot water range of°B0to 120°F, as compared to no thermal contact
resistance.

Figure 3.9 Panel Cooling Capacity at Different Tirel Contact Resistances

Figure 3.10 Panel Heating Capacity at Different Tihal Contact Resistances
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The above analysis indicates that thermal conegistance has a significant impact on the
thermal performance of the radiant panels. Theegfttre design of the connection between the
water tube and the aluminum panel is very importaatincrease the heating or cooling capacity,
the thermal contact resistance should be kept afl asipossible. The clip section in Figure 3.1
is normally designed in a circular shape (Xia andnivha 2006), and the thermally conductive
gel is used when the radiant panels are instaledand Mumma, 2006, have estimated that the
contact thermal resistance is around 17 BtuftHt(R value of 0.06 hr4°F/Btu) for a half
inch water tube.

3.5 Performance Correlations for Radiant Panels
The performance of the IW overhead radiant pareetisbhe estimated by the following

correlations based on the above detailed simulatioay.
At the heating condition:
Qo =-6"10*T> +0.0263 T2, - 03325 T,,.- 90.977 (3.32)
T, -72

D, =997 &2 —— 3.33
! 35 (3.33)
2
m m
D,=-01412* —— +0.4384* —— +0.7026 (3.34)
022 022
Q. = A*D,*(Q, +D,) (3.35)

At the cooling condition:

Q., =00001* T2 - 0.015* T? - 2.1465* T, +18679  (3.36)

cws cws

Ta- 72

D, = 998* 3.36
s o (3.36)
m 2 m
D,=-01099* —— +0.3989* —— +0.7109 (3.37)
022 022
Q. =A*D,*(Qi, + D) (3.38)

In the equations above, the units@f, and Q., are Btu/(hr-ff) and the units of+ and Qo are

Btu/hr, WhereQH : Q are total heating and cooling input of the radipanbels. A is the total
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panel area. Pis the room air correction factor; and i flow rate correction factommis the

water flow rate in single panel. The correlatioma@ipns apply to the IW radiant panels only.

3.6 Summary

This Chapter studies the heat transfer principlesowerhead radiant panels. One heat
transfer model has been set up, which can be sdbretie supply water outlet temperature, the
panel average surface temperature, and the oyeaél surface heat transfer coefficient. This
study has found that the heating and cooling cépadi the overhead panel without top

insulation is a semi-linear function of the suppigter temperature when the flow rate is fixed.

The cooling capacity of the overhead radiant pameround 44.63 Btu/(hrdt at a chilled
water supply temperature of 55°F , which is greatfgcted by room air temperature and slightly
affected by water flow rate. The heating capacftthe overhead radiant panel is around 144.12
Btu/(hr-ft) at a hot water supply temperature of 120°F. ¥ tlontact thermal resistance is
assumed to be 0.06 hf-fiF/Btu (Xia and Mumma 2006), the heating and aaplivould be
reduced by 8.3% and 6.8%, respectively. Room aiptFature and supply water flow rate both
affect the heating input of the overhead radiamefs|a The panel capacity increases about 8.5%
in heating and decreases about 22.4% in coolinghwime room air temperature drops from 72°F
to 68 °F, and it decreases about 14.2% if the tademflow rate is reduced to half the design

flow rate.

Thermal contact resistance between the water tabdghe aluminum radiant panels has a
significant impact on the thermal performance & tiverhead radiant panels. When the thermal
contact resistance increases to 0.2 (hPF)/Btu, the cooling capacity drops about 18.6% an
the heating capacity drops about 20.6%. The theomatiact resistance should be reduced to be

as small as possible in the design process.
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CHAPTER IV

THE THEORETICAL ANALYSIS OF THE IMPACT OF RADIATORPOSITION ON
ENERGY CONSUMPTION AND THERMAL COMFORT

4.1 Introduction

Chapters Il and 1l modeled the heat transfer pees of radiant mullions and overhead
radiant panels. However, some questions remainswerned by this modeling analysis. These
questions are what the benefits are by using ratieating or cooling, why radiant mullions are
used, and what is the impact of radiant mullionsl averhead radiant panels on energy
consumption and thermal comfort. The objectivehis Chapter is to quantitatively analyze the

impact of the position of radiators on energy camgtion and thermal comfort.

4.1.1 Radiant Heating
Radiant heating has a reputation for increasing:tmefort level of a space and for lowering

energy bills. A radiant heating system uses onmare temperature controlled indoor surfaces
on the floor, walls or ceiling to heat the encl@ssurfaces and objects first. The warm surfaces
then heat the inside air via convection. Becausemnwenclosure surfaces radiate more energy to
a human body than cold surfaces, people tend tactesfortable even if the air temperature is
several degrees lower than in a room with a foaiedheating system. A temperature controlled
surface is called a radiant panel where the temyerds maintained by circulating water, air or
electric current. According to the ASHRAE Handbd@kO05), the panel surface temperature is
normally lower than 300°F. The radiant heating eystnay be combined with a central forced
air system to supply the heating or cooling requlyg the space. Such systems are called mixed

radiant and convective heating systems or hybridAB\systems (ASHRAE Handbook 2004).

Floor heating is one of the oldest and most popddiant heating systems. Stove and flue
gas ducts underneath a building floor constitutedhcient heating systems used in East Asian
countries thousands of years ago. The advantagdbaf heating are quiet operation and
superior comfort. Several investigations (Dale 19Rsen 1994, Gibbs 1994) have evaluated

the energy consumption and comfort levels proviolethis type of heating.

For office buildings, the most practical applicatiof radiant heating is wall or ceiling-

mounted heating panels combined with a forcedyaitesn. The Hybrid HVAC system provides
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more flexible control over the space operative terafure, air distribution velocity and humidity

level.

Significant research has been done regarding then mediant temperature distribution and
comfort level of radiant systems. Steinman et E)380) proposed a calculation method for mean
radiant temperature and noted that the temperdiffezence between the room air and unheated
internal surfaces may not be small with a radiadting system when an enclosure has a large
set of window surfaces or a high percentage ofrextevalls. Tassou et al. (2000) compared
radiant and forced air heating systems in two dimesc They found that properly located heaters
can create a more uniform temperature distributian a single air heating system in a large
space. Chapman et al. (1997) analyzed mean ratkamperature (MRT) distribution in a
bedroom and a kitchen in order to analyze the thkgomfort conditions, where the heating

panels are mounted to the ceiling.

Several studies have examined the energy consumpssociated with radiant heating
systems and some compare the consumption of rasjateéms to that of air heating systems.
DeGreef and Chapman (1998) used an improved melitgyoto analyze the energy
consumption of a 48 square foot bathroom with datad mounted to the center of the ceiling.
Degreef and Chapman (1998) indicated that the gnexguired by a 100% radiant heating
system is 25% less than that required by a 100%emdive heating system to achieve the same
average MRT, in the case analyzed. By keeping pleeative temperature constant, Chapman et
al. (2000) found that the energy consumption of%a0@diant heating is slightly less than (6%)
that of a 100% convective heating system in a 3emstjuare enclosure without a window.
Hanibuchi and Hokoi (2000) compared a floor heatipgtem with a convective heating system;
they pointed out that when convective heat exchaaggominant, heat loss through poorly
insulated windows is larger than when radiant leahange is dominant. Their conclusion was
based on keeping the operative temperature atetiteat point of the tested room constant in the
case of floor heating. Most of these studies tencbhclude that radiant heating can save energy
compared with a forced air heating system when ikgefhve operative temperature or the MRT

constant.

One of the important factors still untouched bysthestudies is that the position of the
radiators relative to the windows and the outsidesapply rate has an impact on energy

consumption and comfort distribution in a given @paThe location of a radiator can
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significantly affect the enclosure surface tempeeatearby. If a radiator is near windows, it
increases the inside surface temperature of thdomirand counteracts the down draft to make
people near the window feel comfortable. Howeueis arrangement may increase the heating
load. If a radiator is located away from the windowhe surface temperature of the windows is
lower. The comfort level near the window may notasehigh as in the previously described

layout.

4.1.2 Thermal Comfort

The primary objective of the HVAC design is to shtithe thermal comfort requirement of a
conditioned space. Any energy management measuwies gansider this goal first. ASHRAE
Standard 55-2004 defines thermal comfort as thenditmon of mind which expresses
satisfaction with the thermal environment.” Sixrpary factors affect the thermal comfort of an
occupied space: metabolic rate, clothing insulatiain temperature, radiant temperature, air
speed and humidity. ASHRAE Standard 55 (2004) $iescihe comfort zones appropriate for
spaces where 80% of sedentary or slightly activesgues find their environment thermally
acceptable when their clothing provides betweenrl6.8nd 1.0clo of thermal insulation. Of the
six factors noted above, air temperature, radiantiperature, air speed and humidity can be
controlled by the HVAC system. Therefore, the cornfoone is expressed as a range of
operative temperatures and levels of humidity fovinments where the air speeds are not
greater than 40 ft/min (0.20 m/s).

From the viewpoint of a heat transfer analysisjatiah, convection and evaporation control
heat loss from the human body. These three facioesdetermined by the mean radiant
temperature, air temperature, humidity and air dpdea space. Humidity is normally controlled
by the HVAC system for the entire area served by ain handler. Air velocity is maintained by
the ventilation and air supply system in an indid room at the level needed to provide
relatively uniform temperatures and avoid drafté. #®mperature and velocity determine the
convection heat transfer rate between the humag and indoor air with heat loss proportional
to the temperature difference. The mean radianpe¢eature (MRT) determines the radiation
heat exchange between the human body and the adingusurfaces. In a typical room, the air
temperature and the MRT are the only two variableesign engineer can control (Palmer and
Chapman 2000).
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The MRT is defined as “the uniform temperature miraaginary enclosure in which radiant
heat transfer from the human body equals the radiaat transfer in the actual non-uniform
enclosure” (ASHRAE Handbook, 2005). The MRT can dmculated from the surface
temperatures and the corresponding angle factans fthe occupant and the surrounding
surfaces by the following equation (ASHRAE Handba2®05):

‘ (4.1)

T, is the mean radiant temperaturg; i5 the angle factor between the person and tHacr
and T is the surface temperature. The mean radiant texye can also be determined by the

discrete ordinate method (Degreef and Chapman 128 the following equation:

1
r
AuS
4.2)
I is the intensity coming from a discrete directiohjs the quadrature weighting factor for
the direction; /bj is the projected area in the given direction; anrglis the effective area of a
person. When the temperature differences amongatieus surfaces in an enclosure are small,

there is no significant difference in the resultsh@se two equations.

Both the MRT and the room air temperature havegaifitant influence on thermal comfort,
although they are not the only conditions influegchuman thermal comfort. The operative
temperature, which is a term combining air tempegeatand mean radiant temperature, was
suggested by Fanger (1967) as a measure of loeah#h comfort. Operative temperature is
defined as “the uniform temperature of an imaginblgck enclosure in which an occupant
would exchange the same amount of heat by radigblois convection as in the actual
nonuniform space.” According to ASHRAE Standard Z2®4, operative temperature can be

calculated by the following equation:

Top = ATa + (1- A)Tr (43)

The value of A is a function of relative air spéédand can be found using Table 4.1
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Table 4.1. Value of A in Equation (4.3)

Air Speed Vr <40 fpm 40 to 120 fpm 120 to 200 fpm
(<0.2 m/s) (0.2 to 0.6 m/s) (0.6 to 1.0 m/s)
A 0.5 0.6 0.7

(Source: ANSI/ASHRAE Standard 55-2004)

When the air speed is small (less than 0.2m/sherdifference between the mean radiant
and the air temperature is small (less tha@ 4r 7F), the operative temperature can be

approximated to be the mean of the average airdeatyre and the MRT.

When a space has a large area of window as shoWwigime 4.1, the temperature difference
between the interior walls and the surface of tktereor window is large in winter. Convective
heating systems sometimes encounter some diffiemlgpunteracting the discomfort caused by
the cold window surface. Radiant heating is effici@ this situation to neutralize this deficiency
and minimize radiation losses by the human bodyis Teads to the question of how the radiator

should be located to achieve energy efficiencyiamove the thermal comfort in the space.

This chapter analyzes the heating load and theatipertemperature distribution in two
cases. In Case 1, the radiators are located otoseldrge window. In Case 2, the radiator is
located in the center of the ceiling. The heatimgrgy consumption for these two cases is
analyzed for different radiant and convective heatatios. The thermal comfort distributions in

these two cases are also analyzed by numericabaieth

4.2 Simulation Cases

Some people may have experienced discomfort whigingsiclose to a window or near
sliding glass doors during the winter. To countethis effect, panel radiators may be installed
close to windows or on the ceiling. Two differeatliator positions are studied in a typical office
geometry. The office has the dimensions of 15 lieeg, 10 feet wide and 8 feet high. Radiant
heating combined with a central forced-air systenagsumed to be the heating system. The
configuration of this office is shown in Figuresl4and 4.2. The office is assumed to be in a
“middle” floor of an office building. To simplifyhte calculation, we assume the ceiling, floor,
back wall and sidewalls to be adiabatic. The emxterior wall is assumed to be a double glazed
window with an R value of 1.64 hi*ftF/Btu. This resistance value excludes the inlesngace

convective and radiation resistance, which wilelvaluated separately later.
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In Case 1, two 2x8 foot radiators are positionexdst@aown, next to the window. In Case 2,
one 4x8 foot radiator is positioned in the centértte ceiling. The outside temperature is
presumed to be 3B (-1.°C) and the operative temperature is set to B& 732.8C). This
chapter studies the impact of radiator positiorheating consumption and thermal comfort for
different ratios of radiant and convective heaiimghese two cases at outside air supply rates of
10cfm, 20cfm and 40cfm. The occupant-sensible isatbW for one person. The lighting and

equipment load is 160W.
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Figure 4.1 Geometry of an Office (Case 1)
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Figure 4.2 Geometry of an Office (Case 2)

4.3 Heat Transfer and Energy Model
The heat transfer at an internal surface in théosnce shown in Figures 4.1 and 4.2 consists
of irradiation from other surfaces, emissions theotsurfaces, convection between the surface

and the inside air, and conduction loss to theideitd=or all adiabatic surfaces, the conduction
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term vanishes. The window is the only componentre/iteat can be conducted outside. Heat is
supplied to the radiator by hot water and can lea ss a generation term, with units of Bfu/ft
The heat balance on the occupants includes irfadiiom and emission to each surface in
the enclosure, convection loss to the inside ad, laeat generation from the human body. The
heat balance can be illustrated as shown in FigugeThe energy equation for a control surface

can be written as:

- (4T,) + (T, - T,) + '+, = re, (4.4)

Qc

Convection to
room air

Heot Generation

—

Irradiation from \ Emission to

enc\osure surfaces enc\osure surfoceS:
G

Figure 4.3. Energy Balance on Occupant

In Equation (4.4)h.is the surface convection coefficient which is mperature dependent

variable. Each surface has a diffedentThis will be discussed lateg.can be written as follows:
a =- Fs—ies( .- Ti4) P
i
F. is the view factor from surface s to surface i. aAsteady state, Equation (4.4) can be
simplified as:
TOF;STS th(T,-T)+q + F.esT'-TH=0 (4.6)

In the simulated cases, all walls are adiabatie@piéor the window. Therefore, the energy

balance for the entire space can be written as:

Oadiator + Qair * qgain - mfacp (Ta - To) - rn\/entcp (Ta ent) Qv; 0 =0 (4 7)

in
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The termg,,, represents the internal heat gain, which includeshieat gain from occupants,
lighting and equipment load. The terif),c (T, - T,) is the classic term used to approximate the
heat needed to increase the temperature of tHgation air from the outside temperature to

the inside air temperature, TT,

o 1S the ventilation air temperature and is consideto beT,.
For the remainder of this chapter, we will assurhat tinfiltration air is included in the
ventilation air,m_ . Therefore, the relevant form for the energy be¢gagquation becomes:
+ + — T)+ Twin B To
Qradiator qair qgain - rr\/entcp (Ta - o) (4.7&)
in

If we assume all interior walls are adiabatic amel temperature of each surface is uniform,
the energy balance equation for each surface caexpeessed as follows by simplifying
Equation (4.6).

For radiator surface temperattife

hc- p(Ta - Tp) + q + I:p-ies(-l-i4 - T;) =0 (48)
For window surface temperatukg,, :

T,- T
——— hc- win (Ta - Twin) + F

in I

es(T*-Ta)=0 (4.9)

Equations for side wall temperatlig, back wall temperatuig,,, floor temperaturg, ,,

and ceiling temperaturg,, can be generalized as follows (all four equatibase the same

form).

hc-wj (Ta - ij) + ‘ I:wj-ie‘s‘(-l—i4 - Tv\‘/i) = 0 (410)
J

Because of symmetry, the two side walls can benasduto have the same temperature.

Therefore, a total of six equations can be obtailfeitie inside air temperaturk, and radiation
heating valueqC is given, then theoretically, the six surface temapures can be solved.
However, these equations are nonlinear and comrectefficienth, also depends upon the

temperature difference between the surface andaa air. To simplify these equations, the

radiation term can be approximated as (Mills, 1999)

a. = Fs»ie‘s‘(-ri4 - T34)= I:s-ihri (Tl - Ts) (411)
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h, =4esT} (4.12)
T =N ;Ts (4.13)

Mills (1999) has shown that when the temperatufierdince is less than 100K, the error of
this approximation is less than 2%. When the teaipee difference is less than 10K, the error is

less than 0.03%. Equations (3.8), (3.9) and (3chd) be simplified into six linear equations, as

follows:
h ,(T,-T,)+q + | Fo.ih, (T, -T,)=0 (4.14)
w + hc- win (Ta - Twin) + Fwin-ihrwin (Tl - Twin) =0 (415)
hc- wj (Ta - ij) + ij-ihrwj (T| - ij) =0 (4'16)
i

The convection heat transfer coefficidmtis not easy to establish. In most of the previous

related research, a constant coefficient is usedlfwertical walls. This over-simplified method
may give inaccurate results. The convection intgnisetween a cold window pane and the
inside air is quite different from the convectioatlveen warm interior walls and the inside air.
Natural convection at the interior walls and windafalls within the range of the turbulent flow,
according to the laminar flow criteriopr <63 (US units) (2002). Min et al. (1956) studied the
natural convection in a panel-heated room. The t@mnsdetermined by Min and proposed by
ASHRAE (2005) are (US units):

For a heated or cooled wall:

h, = 026(T, - T,)** @1
For a partially heated ceiling:

h, = 013, - T,)* @1
For a heated floor or cooled ceiling:

h, = 03T, - T,)** @)1
For a heated ceiling:

h, = 00T, - T,)*® (4.20)

Based on Equations (4.17) — (4.20), the conveatarfficient needed for Equations (4.14),

(4.15), and (4.16) can be determined. In the coatfmut program, initial guessed values are
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given to allh,and h,. Then the matrix of these six equations can be&esbl The surface

temperatures obtained are then submitted into dledficient calculation and the matrix is re-

solved until the results converge.

4.4 Simulation Results

The objective of the simulation is to obtain theface temperatures and analyze the heating
load at different radiator positions. Once thefae temperatures of the enclosure are known,
the heating load of the entire space can be efmilyd by using Equation (4.7a). The heating
load must be compared on the basis of the sameocbhatel for the two cases. The operative
temperature is used as a comfort indicator. Indineulations performed for this chapter, the
operative temperature in the space is set at dangalue. The mean radiant temperature in the
center of the space can be calculated by Equatidr).(However, the value obtained by this
equation only reflects the MRT at a certain poirite weighted surface temperature may better
represent the average MRT inside an enclosure fdlleaving equation is used to calculate the

mean radiant temperature in the space:

ENIN

A1Tsi4
T =

N (4.21)
A\otal

T, is the individual surface temperature. The air terajure is assumed uniform and
determined from Equation (4.3), assuming that tinespeed is less than 40fpm, so A=0.5,

resulting in the following equation:

T,=21,-T, (4.22)

Based on the heat transfer model described abosenaation program has been written

and the calculation flow chart is illustrated irg&ie 4.4.
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Initial Values
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Figure 4.4. Calculation Flow Chart

By setting the outside temperature to b&301.1°C), the operative temperature to béH3

and the ventilation rate to 20CFM, the simulatiesults can be shown in Figures 4.5 and 4.6.

4.4.1 Case 1: Two 16*Radiators Next to a Window

By increasing the radiant heating ratio and keepihrey operative temperature constant at
73°F (22.78C), the surface temperature, air temperature arahmaliant temperature trends are
all shown in Figure 4.5. From left to right, thediant heating ratio increases from 0 to 1.
Simultaneously, the convective heating ratio deswedrom 1 to 0. At 100% convective heating
on the left hand side, the window surface tempegaimeasured at about 6°Eq16.LC). This
temperature gradually increases to 82.{77.1°C), when the radiant heating increases to 100%.
From Figure 4.5, it can be seen that the slop@®findow surface temperature is larger than
that of the back wall temperature. Because theatai are much closer to the window than the
back wall, the radiator surface temperatures hageeater influence on the window surface
temperature. The increased window surface temperahcreases the comfort level for an
occupant who is seated near the window. Howeverirttreased surface temperature also raises
the temperature difference between the inside sairéend the outside environment. The higher
temperature difference will result in a higher leggheat loss through the window which may

cause the overall heating consumption of the spadse.

As shown in Figure 4.5, when the heating systentci@s from 100% convective to 100%
radiant heating (from left to right), the room smperature can be reduced from 76.@24.8C)
to 72.8°F (22.6C), a 4.0F (2.2C) difference. The lower room air temperature reguthe

energy used to heat the ventilation air. This ie of the advantages of radiant heating. The
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mean radiant temperature increases from°69(20.7°C) to 73.2F(22.9°C), when the enclosure

is heated by 100% radiant heating.

4.4.2 One 32 ftRadiator Located in the Center of the Ceiling

Figure 4.6 shows the temperature trends when tiliatox is located in the center of the
ceiling and the radiant heating ratio increasemffi® to 100%. As compared to Figure 4.5, the
mean radiant and room air temperatures demonsht@tsame trend. The room air temperature is
reduced from 75% (24.2C) to 71.4F (21.8C), a 4.2F (2.3C) reduction, as the radiant
heating increases to 100%. The most significarfeidihce between Figures 4.5 and 4.6 is the
slope of the window surface temperature as theanadieating ratio changes. The slope of the
window surface temperature is flatter in Figure.4Tthe increase in the window surface
temperature is less thafFlwhen the space switches from 100% convectiveingead 100%
radiant heating. The lower window surface tempeeataduces the heat loss from the window,
as compared with Case 1. However, it may reducedh&ort level near the window. The room

air temperature reduction is larger in Case 2 thdbase 1, which saves more energy.

Figure 4.5. Temperature Trends at Different Radidaating Ratios for Case 1
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Figure 4.6 Temperature Trends at Different Radidetting Ratios for Case 2

The above observation is based on an outsideoairdf 20cfm. When the outside air flow is
changed, the temperature trends of window surfsié€l and room air temperatures are almost

the same. The starting and ending points of thedtliees are slightly different.

4.5 Heating Load Comparison

In the two cases analyzed above, two factors affextheating load: room air temperature
and window surface temperature. When radiant hgaiircreases, the reduced room air
temperature helps to decrease the heating loadh®aother hand, the increased window surface
temperature adds to energy use. Figure 4.7 shoaviothl heating load for these two cases. In
Case 1, the heating load increases about 2.5%0fi%1of the radiant heating, as compared with
100% of the convective heating. In Case 2 the hgdtiad decreases about 1.8%. It shows that
the position of the radiator(s) in a typical offibas some impact on the heating load, but the
impact is small. This observation is based on atside air supply of 10CFM, which is
equivalent to 0.5 ACH of the infiltration rate. Bh the night time operation condition, in which

the mechanical ventilation stops and natural nafiion is the only source of outside air.

As the amount of outside air increases, the enegpd to heat the ventilation air also

increases [see Equation (4.7a)]
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This increases the relative importance of changesdam air temperature relative to changes
in window surface temperature. We illustrate thasaept by considering two higher ventilation

rates for one and two occupants in the daytime.

Figure 4.8 shows the heating load of the two cage=n the outside air supply rate equals
20cfm, which is the fresh air requirement for omeupant in this office, according to ASHRAE
Standard 62-2001. For Case 1, the heating loadbYelradiant heating is close to that of 100%

convective heating. When the ratio of radiant mgatjoes up, the heating load first rises and

then decreases. This occurs since the tﬁ{rrl2 T + Twn , from Equation (4.7a), first increases in
ent’p "a

size, then decreases as the radiant heating ratieases. This causes the total heating
consumption to increase slightly and then go dowror Case 2, it can be seen that the
ventilation heating always decreases faster thamihdow heating increases, and 100% radiant

heating can reduce heating by about 3.7%.

If the simulated space (150)ftis occupied by two employees, the outside aiuireqent
would be 40cfm, according to ASHRAE Standard 621200he heating load shown in Figure
4.9 applies when the heating system is switcheoh fconvective to radiant heating. It can be
seen that the heating load declines about 3.6%#&se 1 and 7.6% for Case 2. Figures 4.7, 4.8
and 4.9 illustrate that the outside air supply tss an important effect on the energy savings
provided by radiant heating. In a real situatidrg butside ventilation air is normally preheated
to about 55°F before it is supplied to the conditid space. The maximum radiant heating ratio
in this case is less than 100% because of the gtiaeof the ventilation air, which provides a

correspondingly smaller level of heating savings.



Figure 4.7. Heating Load at Different Radiant HeagtiRatios (OA=10cfm)

Figure 4.8. Heating Load at Different Radiant HeatiRatios (OA=20cfm)
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Figure 4.9. Heating Load at Different Radiant HeatiRatios (OA=40cfm)

Figure 4.10. Heating Load at Different Radiant HagtRatios (OA=40cfm, ;=73 F)

The above observation is based on keeping the thpet@mperature constant in order to
keep a constant comfort level. In a real radiagatimg application, the heating load of a
radiantly heated space also depends upon the typmeation of the thermostats. If an operative
temperature thermostat is used, only a small ensegyngs can be expected. If a dry bulb
temperature thermostat is used and the set pokepsthe same as for air heating, the heating

load will increase for the cases examined. Figui® 4hows the heating load trends at different
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radiant heating ratios, if the room air temperafarkept constant. Figure 4.10 indicates that, for
Case 1 at a 40CFM ventilation rate, the heatingl lim&reases about 11.5% when the space
switches from 100% convective heating to 100% madizeating. For Case 2 at a 40CFM
ventilation rate, the heating load increases abod®%. The above observation is based on
keeping the room air temperature constant aF.7&or lower ventilation rates, the heating
requirement will increase by the same amount, betpercent will be different since the total

heating requirements will decrease.

4.6 Thermal Comfort Distribution

In the theoretical analysis section of this chapiee area weighted surface temperature is
considered to be the average room radiant temperafine operative temperature is kept at a
constant value. However, the mean radiant temperatctually varies with the location within
the enclosure. When the occupant is close to tHata, he/she may feel warmer. When the
occupant is far from the radiator, he/she may deeler. The thermal comfort in the two cases is
not uniform. A numerical method, as implementedhipopular computational fluid dynamics
program (FLUENT®6.2, Fluent Inc.), was used to clai®uthe mean radiant temperature, room
air temperature, and operative temperature in ltheetdimensional space using 100% radiant
heating. The results at 4 ft (1.22 m) above therflye shown in Figures 4.11 and 4.12.

The heat fluxes obtained from the theoretical dattan were used as the boundary
conditions for radiators in the numerical analyEiwor, ceiling, and walls were all simulated as
adiabatic surfaces with an emissivity of 0.9. Thadew was simulated as an opaque surface
with an emissivity of 0.9. The discrete ordinate d@lowas selected for radiation intensity
calculation. This model has been evaluated by ouee1987), and by Chapman and Zhang
(1995), and has been shown to provide quite aceuesults. The Grashof numbers for windows
and walls fall within the range of 1.3e14 to 1.3edhich means that all of the surfaces have a
turbulent boundary layer. Therefore, the- € turbulence model was selected for the natural
convection calculation. Nielson (1998) comparedr faubulence models for the prediction of
room airflow and showed that tH€ - € model was quite accurate for general application.

In Figure 4.11, the room air temperature is 0.5Khkr close to the radiator. In the
remaining area, the room air temperature is almagbrm. There is a very thin layer close to
the window where the air temperature is nedFgQ88.5K). The effect of the cold window and

the hot radiator surfaces can be seen clearlydanrthan radiant temperature distribution. Close
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to the radiators, the radiant temperature gradgemuch higher, and the MRT becomes higher.
On the other hand, the MRT becomes lower and thative mean radiant temperature gradient
becomes larger when close to the window, as in Qaskhe operative temperature is around
73°F (296K), except for small areas near the radisgocsthe window. The natural convection is
created by the temperature difference betweenithend the window inside surface. The down
draft is normally caused by this natural conveciioa radiantly heated space. This arrangement
has the benefit of reducing the down draft effeetar the window. When the radiators are close
to the window, they heat up the nearby air andaindlows up in an inverse direction to the

down draft air. Therefore, the downdraft is greadigluced in window area.

Figure 4.11. Temperature Distribution (K) of MRT;,Tand T, for 100% Radiant Heating,
Case 1, 4 ft Level (Window is at the Left siddhef$pace)

In Figure 4.12, the room air temperature is vergre\but the mean radiant temperature has a
larger gradient. The MRT increases fronfl64291K, 18C) close to the window to 8& (300K,
27 C) close to the center of the radiator, then demgdéo 77°F (298K, 2€8) at the back wall.
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The radiant temperature in one half of the rooneléarly higher than in the other half. The
operative temperature shows that thermal comfadtsisibuted unevenly. One third of the room
is lower than 7% (296K, 23C). Furthermore, the down draft effect may be obsibecause
there are no measurements to control the naturademtion near the window. Figure 4.11 shows
that the thermal comfort is more uniform in Casthdn in Case 2. This demonstrates that the
radiators near the window prevent cold penetraiiide the space and enhance comfort,

although this layout uses slightly more energy.

Figure 4.12. Temperature Distribution (K) of MRT;,Tand T, for 100% Radiant Heating,
Case2, 4 ft Level

4.7 Summary

The position of the radiation source(s) in a ratijaheated office with a double-glazed
window acting as the exterior wall has been showintpact both the heating load and the
thermal comfort distribution inside the room. Whaliators are close to the window (Case 1),

the increase of window surface temperature is migh@n when the radiator is located in the
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center of the ceiling (Case 2). The layout of Cas@ecreases the heating load at an outside
temperature of 30°F by 2.5% in an unoccupied sp&then the radiator is located in the center
of the ceiling, the window surface temperature éase is very small. This layout uses 1.8% to
7.6% less heating energy than convective heatinghie three ventilation rates analyzed, as
shown in Table 4.2. The energy savings relativihéoconvective system depend on the outside
air supply rate. When the outside air supply ratdarger than 20cfm, both layouts slightly

reduce their heating requirements, as comparedhdoair heating system. The heating load
analysis in this chapter does not include possiaie power savings offered by the radiant

heating system.

Table 4.2. Energy Savings of Radiant Heating v&ivE€ctive Heating for Cases Analyzed

OA Case 1 Case 2
10 CFM -2.5% 1.8%
20 CFM -0.5% 3.7%
40 CFM 3.6% 7.6%

The control device used also affects the energgwoption of a radiant heating system. If a
dry bulb temperature thermostat is used in a rdigidreated space and the temperature is set at
the same point as for air heating, the radiantihgatill increase the heating load for those cases
considered here. At the 40cfm ventilation rate, ltleating loads of Layouts 1 and 2 increase
approximately 11.5% and 7.7%, respectively, whendffice temperature is set to be constant at

the value used for air heating.

On the basis of thermal comfort, radiators locatiede to the window can reduce the down
draft, prevent cold penetration inside a room arakenthe operative temperature distribution
much more uniform than when the radiator is locatetthe center of the ceiling. This means that
radiators close to the window improve the thermahfort level inside a room although they

will cause the heating load to increase slightlgtiee to ceiling radiators.
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CHAPTER V

THE INDOOR HUMIDITY ANALYSIS OF AN INTEGRATED RADIANT
COOLING AND DESICCANT VENTILATION SYSTEM

5.1 Introduction

Chapter IV studied the functions of different radra in the heating condition. This chapter
will study the operation of the radiant systemhe tooling condition. Radiant cooling panels
cool the surrounding air by convection and cookoty within their direct view by radiation. In a
radiant cooling system, the chilled water suppiygerature can be increased by more than 10°F,
as compared to that required by the cooling codnnair handler. This will significantly reduce
the chiller electricity consumption. The radianbliog system can also save energy by cutting
the supply fan power. Stetiu (1999) simulated daratdcooling system in a 700 square meter
building and reported a 30% energy savings, as eoedpto an all air system. Niu et al. (2002)
compared a chilled ceiling combined with a desitcemoling system with a conventional
constant volume all air system and reported 44%ngmy energy savings in hot and humid

climates such as Hong Kong.

However, condensation is a major problem that imstthe application of radiant cooling.
Because radiant cooling systems lack the capabdisemove moisture, and thus ventilation is
required, a radiant cooling system must be usedoimunction with a dedicated outside air
system. The dedicated outside air system can @%b butside air AHU or a desiccant wheel

combined with a chilled water coil.

Several studies have examined the moisture contlemsproblem in radiantly cooled
offices. Mumma (2001c, 2002, 2003, 2005) explotes dcondensation issues related to chilled
ceilings combined with a dedicated outside air aystHe studied the mechanisms of water
formation on chilled panels when occupants in th&ce exceeded the design, and investigated
the consequent necessary control measures. Zhaafj €2003) studied the indoor relative
humidity behavior of all air systems with total heacovery, chilled ceilings with an AHU, and
chilled ceilings with desiccant cooling. They refeor that a system combining a chilled ceiling
with air dehumidification offers more annual hoursthe comfort region than with other
ventilation systems. They concluded that condenosatan be avoided if the AHU ventilation

unit begins operating one hour earlier than thélechceiling. One aspect that has received little
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attention in previous research is the impact ofitrafion on condensation in a space where

radiant cooling is integrated with a desiccant iratibn unit.

In the design of a radiant cooling system, the ciypaf the ventilation system is decided by
either the space latent load or the indoor frestregjuirement, whichever is larger. When the
latent load fluctuates widely such as in a meetommn or a classroom, the design value of the
ventilation air flow often needs to be very largeorder to meet peak conditions. In these cases,
the radiant cooling can only meet 10% to 30% of space cooling load, which substantially
reduces the energy savings that could be obtanoed fadiant cooling. How does the ventilation
rate affect the indoor humidity and moisture corsdgion on chilled panels? This is another

guestion that has not received enough attentigmeawious studies.

This chapter studies the hourly absolute humidityorin the IW with an integrated passive
desiccant ventilation system. It illustrates théeiiaction between infiltration and mechanical
ventilation rates on the indoor humidity level, ahd condensation and energy consumption of a
radiantly cooled space. The possibility of condénsaon the surface of radiant panels under
different operation conditions and the space loattidution between ventilation systems and
radiant cooling system have been investigated. &jipgr strategies to control condensation are

recommended.

5.2 Simulation Case Study

The Intelligent Workplace is a small university ioff area that includes faculty, graduate
student and staff offices and a meeting room with asea of 580M(6228 ff). The air
conditioning system was a radiant heating and ngaiystem combined with a passive desiccant
ventilation unit before 2006. A group of sensitd@a ttoil units is scheduled to be installed in the
north zone in the winter of 2006. The space usestywes of radiant panels which are modeled
and discussed in Chapters Il and IIl. The mulligstem is used to offset the heating and cooling
load from the windows and to increase the indoamfoot levels. Another function of the
mullion system is that grouped mullions can provikxible heating and cooling set points
based on the preference of the occupants. The deadiant system is overhead ceiling panels,
which are used for spaces away from the windows. cftilled water and hot water are switched
in the same piping system between summer and winéel two-pipe system, as shown in

Figure 2.1.
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The exterior walls of the IW are metal with 4-inidlsulation inside, providing an R-value of
20 f-hr-°F/Btu. The double pane windows account for 58.3%hefarea of the exterior wall.
The open trussed sloped roof has the same themsa@tance as the metal wall. The roof
includes 648 ftof skylights, which have the same R-value as timelows. Moveable shades are
installed on all the skylights. Because of the éargndow area, the lighting load in the space is
relatively small, 0.9W/ft The average equipment load is 0.3 Y32 people are assumed to be
the normal level of maximum occupants. A sensibkdlof 230 Btu/hr per person is assumed

with a latent load of 0.13Ib/hr-person.

This chapter assumes that radiant panels are tlgeawvailable heating and cooling devices
in the IW. The space is simulated using DOE2.1vam#. The simulation model is carefully
calibrated according to the procedures of Claridgel. (2003) until the calibrated simulation
model closely matches the measured consumption dhtn the calibrated model is used to

predict the system load at different infiltratiomdaventilation conditions.

5.3 Desiccant Ventilation System

To increase energy efficiency, a radiant coolingtey is typically integrated with a solid
desiccant ventilation system, which can be eithgassive system or an active system. The most
commonly used desiccant systems are single whesliygadesiccant systems or dual wheel
active desiccant systems. The desiccant wheel ladsooisture from the fresh outside air and
the wheel is regenerated with either hotter or daje A passive desiccant wheel uses dry air,
which is usually the building’s exhaust air. Aniaetdesiccant wheel uses heated air produced
by gas combustion or a heating coil. Active desiteeheels can deeply dry the fresh outside air
in all weather conditions regardless of the moistaontent of the exhaust air. However, an
active wheel requires heat input to dry the airichlincreases the system energy consumption.
A passive desiccant wheel cannot remove as muchtuaneias an active desiccant wheel. The
moisture level of the supply air leaving the passiesiccant wheel depends upon the dryness of
the exhaust air and its flow rate. Cooling is reediafter the passive wheel (henceforth called
“post cooling”) in order to remove additional maisg and to maintain a sufficiently low
humidity level sufficiently low inside the space evh integrated with the radiant cooling.
Exhaust air reactivates the desiccant in a passheel adiabatically without additional heat
input. The operating cost of a passive wheel isicierably lower than that of an active wheel,

according to Harriman et al. (1999).
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5.3.1 Passive Desiccant System

Available commercial passive desiccant systemsaidekingle enthalpy wheel systems and
duel wheel systems (which includes an enthalpy Wpkes a sensible wheel). The enthalpy
wheel removes both the latent load and the senlsiate while the sensible wheel removes only
the sensible load. The structure of these two vehéelsimilar. The key component is the
“honeycomb like” transfer core, which utilizes anrainum substrate. A commercial enthalpy
wheel is normally coated with desiccant materiaishsas a & or 4A molecular sieve or a silica

gel. The sensible wheel is a rotating heat exchangbout any desiccant coating.

Commonly used desiccant materials in HVAC applaai are silica gel and molecular
sieves. Silica gel can absorb up to 40% of its exerght in water. A typical value for its specific
microporic surface area is ~600/m(Babus’Haq et al., 1996). The adsorption charistics of
silica gel function over a wide range of relativenfidities. Molecular sieves are crystalline
metal alumino-silicates (basically, ceramic matsjialhe most commonly used molecular sieve
for air dehumidification is known as a type A zéaliZeolite can absorb water up to 20% of its
own weight. Molecular sieves are porous crystdth Varge specific surface areas and uniform
pore sizes, which have a specific microporic sefaea of ~700ffg (Babus’Hagq et al., 1996).
A molecular sieve is usually used for low-tempematapplications. A special property of
molecular sieves is their ability to “selectivelgsarb” materials based on their kinetic diameter,
pulling in materials smaller than the size of th@ire openings while excluding materials that

are larger. This property can help reduce the coin@nts carried over from the exhaust air to

the supply air.
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Figure 5.1 Passive Desiccant System
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Enthalpy wheels normally use an aluminum substatded with a molecular sieve material
or silica gel. The effectiveness of an enthalpy elhdepends upon the load of the desiccant
materials, the diameter and depth of the wheelfdahe flow velocity, the rotational speed and
other operating conditions. Bulk et al. (1985) megde- NTU correlations for the design
calculation of both the latent and total effectiess of enthalpy wheels coated with silica gel.
Simonson et al. (1999a, 1999b) developed a moneraieccomplex correlations for the sensible,
latent and total effectiveness of enthalpy wheBteir model works well on balanced flow silica
gel and molecular sieve enthalpy wheels. Simonseah €2000) modified the above correlations
to make them apply to unbalanced flow. Freund.€R8l03) developed a simple and generalized
method to predict enthalpy wheel performance basetthe classical- NTu approach. Jeong and
Mumma (2005) proposed a group of correlations tlwutate the sensible, latent and total

effectiveness of enthalpy wheels at non-standanditons, based on statistical methods.

At design rotational speed and face velocity, lateeat transfer effectiveness,, and
sensible heat transfer effectiveness,, can be found in the manufacturers’ manuals. The

parameters of supply and exhaust air can be c#édcllaccording to the following equations
based on energy and mass balance, once the effieetis and inlet conditions on both sides of

the wheel are known.

T =Ta- &, (?:ncc)) (T - Ta) (®.1)
W, =W, - € rrr::n (W, - W) (5.2)
T, =T, e(?rfc))(r T) (5.3)
W, =W, - € n;“];” (W, - W) (5.4)

5.3.2 Active Desiccant System

An active desiccant wheel is made up of fiberglpsper, or sometimes aluminum substrate
coated with silica gel. The most common active Natitn system is shown schematically in
Figure 5.2. It is a combination of one desiccane&lhand one sensible energy wheel. The
regeneration air can be provided by exhaust aiouiside air. The supplied outside air first

passes through the desiccant wheel where the eutsid(OA) is dried and the temperature
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increases. Then the OA passes through the senditdel, where it is cooled. Finally, the OA is
cooled further by the cooling coil and its temperatis adjusted to the required temperature. The
exhaust air first passes through the evaporatiedec@nd the sensible energy wheel to cool the
supply air. After passing through the sensible Wwheart of the exhaust air is heated by the
heating coil or by a natural gas burner to °BR25°F and used to regenerate the desiccant
wheel. The other part of the exhaust air is dispbdrinto the ambient air. In a typical
configuration, 75% of the desiccant wheel face aseia the fresh outside air path, while the

remaining 25% is in the regeneration air path.

Te3,we3

By Pass Air .
4 ! Evaperative

] Cooler
8 Tes, Wed Gas Burng Te2,We2 mTel,Wel
Te4 We4 Te3We3 Space
Tr, Wr
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Desiccant Sensible '
Wheel Energy %gﬁ""g

Whee

Figure 5.2. Active Desiccant System

The effectiveness of an active desiccant wheel mi#&pepon both structural parameters and
operating conditions such as the depth of the wlikeltype and quantity of the desiccant, the
surface area of the honeycomb, and the temperandenhumidity ratio of the outside air and
regeneration air, the wheel rotational speed, thee fflow velocity, etc. Adjusting the
regeneration temperature is the approach most comgnused by commercial manufacturers to
change the wheel’'s moisture removal capacity. Tighdn the regeneration air temperature, the
more moisture removed by the desiccant wheel. Wheisture is removed from the desiccant
wheel, the latent heat of the moisture is convettesensible heat. About 80% to 90% (Harriman
et al. 1999) of the temperature rise of the outsideeomes from the conversion of latent heat,
while the remainder is the sensible heat carriezt by the wheel. Jurinak (1983) developed the
following model to evaluate the effectiveness afiliza gel-operated active desiccant wheel by a

curve that fits with the derived wave front propidgma characteristics.
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F1=" 23965+ 4.3440,°%5% (5.5)
T v
F2= T - 1127007980 (56)
636(
_F1,,- F1, 5.7

e, =
o Flr,l - Flo,l

_ F2,,- F20,1 (5.8)

e =
" F2,- F2,,

F1 and F2 correspond to isopotential lines of dpthand relative humidity€é., and €.,

represent the effectiveness of the total energyraaidture removal at optimum rotary speeds.
The subscripts “0” and “r" refer to the OA and regeation air, respectively. The subscripts “1”
and “2” correspond to the inlet and outlet. T imperature in K and w is the humidity ratio in kg
(moisture)/kg (dry air). The outlet temperature émel humidity of the OA and the regeneration

air can all be found iteratively by using this mbde

Because of the temperature increase when the Ogegdhrough the desiccant wheel, the
sensible energy wheel is integrated into the systeovnol down the outside air and increase the
energy efficiency. The amount of heat removed frdm outside air depends upon the
temperature on the other side of the heat exchafdger maximum efficiency can be obtained
when the system takes the exhaust air from theespag cools it via evaporative cooling. When
exhaust air is not available, outside air can eduend cooled by an evaporative cooler; then

passed through the sensible wheel to cool dowiréisé outside air, as shown in Figure 5.2.

The advantage of the active desiccant system igtilsasystem can continuously and deeply
dry the outside air in all weather conditions, medsss of the moisture content of the exhaust air.
The desiccant wheel can be regenerated with eitfeerexhaust air or the outside air, which

provides installation flexibility for places wheeahaust air is not available.

5.4 Transient Model of Dehumidification

When the dew point of the indoor air is higher thha chilled panel surface temperature,
water starts to condense on the surface of thangpphnels. The dew point of the indoor air is
decided by the moisture balance among indoor lateat, the infiltration moisture and the

mechanical ventilation moisture. This transientdgtis necessary to decide the relationship
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among these parameters and to determine how mulibréhe dehumidification unit needs to
be started before the chilled panels are operdtedrder to avoid condensation. The steady

model used in the latter section of this condensattudy is derived from the transient model.

5.4.1 Dehumidification of Passive Desiccant System
If we take a space, as shown in Figure 5.1, asaa@space, the moisture balance inside the
space can be described by the following equation:
Vrdvvr

rer dt
W, , W,, W, are the room humidity ratio, the outside air hutgidatio and the supply air

:Vsrs(Ws - \Nr) + aCthfO(WO - Wr) + r-ngen (59)

humidity ratio, respectively. For the passive desit system shown in Figure 5.1, the
parameters of the supply air after the desiccamelvbhan be calculated by changing equations
(5.1)-(5.4), as follows:

- _ (Cpm)min _ _ _ _ (510)
T,=T,- e c.m. (T,-Ta)=T,- &b, -T)
Wop = W - q%(wol- W) =W, - gb(Wy, - W) (5.11)
m
b » rr.Imin » Vmin (512)

m oV
The subscript “min” in Equations (5.10) — (5.12)mesents the smaller of the supply air flow
rate and the exhaust air flow rate. The subscspiridicates supply air whilg is the ratio of

the smaller flow rate to the larger flow rate. Ibalanced system, the volume flow rate of supply

air is equal to the exhaust air, gnd .

5.4.1.1 Case 1. No Post Cooling Used

Post cooling is the availability of cooling afteesiccant wheel. When the cooling after

desiccant wheel is not availabh, = w,,. Then Equation (5.11) is substituted into Equation
(5.9), in order to obtain the following equation:

M:-Wr 1 (v.r.a- en)+achy,r,)+ -
dt V. s V. r

(achV, row, +V,r wo (- ety +m,,,) (5:13)

rer rer

Considering the initial conditionsy, | =w,, =w,, the above equation can be solved as:
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W, = (WrO - E)e’ o +E 15)
a a
In equation (5.14),
a=v—1 (sts(l- eb) +aCthro) (5.15a)
b= Vlr (ac V. r W, +V.r w(1- eb)+ mgen) (5.15b)
In the equilibrium state,
b
W=~ (5.16)
a

5.4.1.2 Case 2. Post cooling is used with the lgugipcondition: 55F, 0.0092Ib/Ib.

Equation (5.9) can be written as:

VI’ r devl'

p” =-V,r,(0.0092- w,) +achV, ro[wO - W,] + Mye, (5.17)

Solving the above equation, we can obtain an eguaimilar in format to Equation (5.14) with

:\ﬁﬁlsrgachvrro) (508
b= V,l r (achVr r,w, +0.0092/,r + mgen) (5.18b)
At the equilibrium state,
W, = b (5.19)
a

Using Equations (5.14) (5.15) and (5.18), the fiemtsprocesses of dehumidification with
and without post cooling can be plotted as showRigures 5.3 and 5.4, when the outside air

condition is 63F andy_ = 0.0107 Ib/Ib. This transient process assumes that th&liitimidity
ratio in the space equals the outside air humiglityand 25 people are using the space when the

ventilation system begins operation. 0.13lb/hrgenson is assumed for moisture generation. An



86

infiltration rate of 0.45 air changes per hour $swamed. This value is based on the calibrated

simulation model and site measurements.

Figure 5.3 shows that the passive desiccant wiotehlly adds moisture to the space instead
of removing moisture from the space when the cgotiail is turned off. This means that the
dehumidifying function of a passive desiccant whaagends upon the dryness of the exhaust air.
For a balanced flow passive desiccant system, itjieeh the ventilation rate, the lower the
indoor humidity level. When the indoor humidity édweaches equilibrium, the inside humidity
level is higher than the outside level. The desitegheel actually absorbs moisture from the
exhaust air and releases it to the supply air vtherhumidity ratio of the exhaust air is higher
than the supply air. This is the reason the pasd@sccant wheel does not lower the space’s
humidity or even increases humidity levels whent po®ling is not available, and there are no

other dehumidification sources.

Figure 5.3. Transient Behavior of Indoor Humidity & Passive Desiccant System with No Post
Cooling.
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Figure 5.4. Transient Behavior of Indoor Humidity & Passive Desiccant System with Post
Cooling.

Figure 5.4 shows that the high ventilation ratecklyi dries the space when the post cooling
is on (the supply air is cooled to %% 0.0092Ib/lb). However, it also creates anofiveblem.
To cool or heat a large volume of outside air withsume more energy. Figures 5.3 and 5.4
indicate that the moisture removing ability of agige desiccant wheel requires the presence of

post cooling.

Figure 5.5. Transient Behavior of Indoor Humidity fin Active Desiccant System
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5.4.2 Dehumidification with an Active Desiccant &yms

The active desiccant system shown in Figure 5.2drgna space more effectively than a
passive system, because the humidity ratio afeedésiccant wheel can be set to a relatively low
level by adjusting the regeneration air temperatara high value. The transient behavior of an
active desiccant system is the same as that ofssiygadesiccant unit with post cooling as
analyzed in the previous section. When the humidityo after the desiccant wheel is set to
0.007 Ib/lb (dew point 4&), the space humidity decreases, as shown in €&igus. The
humidity ratio of the supply air is decided by tegeneration air temperature and humidity. The
active desiccant system can reduce the supplyuanidity ratio to a lower level than a passive
desiccant system. The reason is that the chilldéntamperature at the inlet of the post cooling
coil in passive desiccant units depends upon teeabipg conditions of the chiller or the DX coil.
Normally this temperature cannot be lowePRh a university campus loop. Figure 5.6 shows
the relationship between the humidity ratio aftex twvheel and the regeneration air temperature

based on Jurinak’s model (1983) (Equations (5.8} 5Desiccant wheel inlet air conditions of
61°F, 0.0107Ib/Ib;e., = 03, €-, = 085 are assumed in Figure 5%,,in Figure 5.6 is the

regeneration air humidity ratio. It can be seert tha ideal supply air humidity ratio of the air

leaving the desiccant wheel has a nearly lineaticglship with the regeneration air temperature.

Figure 5.6 Relationship Between Humidity Ratio &sdjeneration Air Temperature



89

5.5 Condensation and Energy Consumption Analysis

Condensation is often a major problem when applytegradiant cooling system. An indoor
humidity ratio higher than the saturation humidityio at the radiant panel surface temperature
will cause water to condense on the surface ofrdldéant cooling panels, which results in the
shutting down of the cooling panels by the congydtem and the overheating of the space. To
avoid condensation, the dew point of the indoomnaist be below the surface temperature of the
radiant cooling panels. The normal design conditifor the indoor air is 7& and a 50%
relative humidity ratio, which corresponds to a davint of 55F and an absolute humidity ratio
of 0.0092 Ib (water)/lb (dry air). ASHRAE Standas8-2004 recommends an upper limit for
indoor humidity of 0.012 Ib/lb, which correspondsat dew point of 6. To ensure that there is
no condensation, the design surface temperaturgradiant panel is normally PR higher than
the dew point of the indoor air. Therefore, theeinthilled water temperature of the radiant
panels is often set to 62-%5 Increasing the panel surface temperature willeiase the safety,
but will decrease the cooling capacity. To avoidewaondensation, the indoor humidity ratio

needs to be controlled below 0.012 Ib/Ib, whichresponds to a dew point of B2

Radiant heating and cooling of a space is typicallggrated with a ventilation system that
provides humidity control. The ventilation systemmncbe a 100% outside air handling unit, a
simple passive desiccant system, as shown in Fdreor an active desiccant system, as shown
in Figure 5.2. An air-handling unit is easier tmtol, but is less efficient. An active desiccant
system usually is considered when the dew poirth@fsupply air is required to be below’B5
(humidity ratio below 0.0063lb/Ib) according to &gt (2000). An active desiccant system often
has a life cycle cost advantage when the dew giemperature of the ventilation air is required
to be below 4fF. Radiant cooling integrated with a passive dmsit ventilation system has
been shown to be a cost effective way to maintaihealthy and comfortable indoor air
environment (2001). Several factors in this typespftem have an important impact on the
indoor humidity ratio. These include the infilicat ratio, the outside air flow rate, and the

outside humidity ratio.

The Intelligent Workplace used a passive desicsgsitem before 2006, as shown in Figure
5.1. Chilled water is available only from June tep&mber each year. Consequently, radiant

cooling with post cooling of the passive desicoaheel is used only from June to September.
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The infiltration rate has been estimated to avefadgb air changes per hour on a yearly basis, as
noted earlier. Condensation occurs on the surfatieeamullion system during the summer. The
hourly indoor humidity has been simulated undehtedjfferent conditions by using the model
of Equations (5.9) to (5.19). These eight condgi@me shown in Table 5.1. Figures 5.7-5.10
show the simulated indoor humidity ratio over a gear period. The occupancy is assumed to
be 25 from 9:00am to 8:00pm. The corresponding tesgeneration in the space is about
3.25lb/hr. The ventilation system is assumed to continuously in order to clearly show the
humidity trend in an hourly time series over tharyd=quilibrium conditions are assumed in the

hourly simulation.

When the ventilation air flow rate is equal to tehaust air flow, the space pressure is
neutral. The infiltration rate has a significantpiact on the indoor humidity ratio. Figures 5.7a
(Case 1) and 5.7b (Case 2) indicate when the BS@ECFM and the supply air humidity ratio is
0.0092 Ib/lb (dew point of 5%), the indoor humidity level can be controlleddvel0.011lb/Ib
over the whole summer in a tight building (ACH elgu@.001). In a leaky condition (ACH
equals 0.45), a significant number of hours haveimidity level higher than 0.012 Ib/Ib (dew
point of 62F) in the summer. During these periods, water wolhdense on the surface of the
radiant cooling panels when the panel surface temtye is 62 or lower. Condensation has
been observed at times during the summer. Anothpoitant trend to be noted is that the indoor
humidity level during some hours in April, May a@dtober is much higher than 0.012 in a tight
building, because the post cooling is turned offigtHhumidity may cause indoor comfort
problems during these periods. The tested spacegwable windows, so this problem is not as

serious as that which is demonstrated in the graphs

Table 5.1. Simulation Conditions

Infiltration | Supply| Supply Air | Return
(ACH) | (CFM)| Humidity | (CFM)

Ratio (Ib/lb)
Case] 0001 | 650 | 0.0092 650
Cased 0450 | 650 | 0.0092 650

Case3 0.001 1600 0.0092 1600
Case4 0.450 1600 0.0092 1600

Case§ 0.001 650 0.008 650
Case g 0.450 650 0.008 650
Case q 0.000 650 0.0092 0

Case § 0.000 850 0.0092 650
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Figure 5.7A. Case 1. OA: 650CFM, ACH:0.001, SupphHumidity Ratio: 0.0092 Ib/lb.

Figure 5.7B. Case 2. OA: 650CFM, ACH:0.45, SupptyHumidity Ratio: 0.0092 Ib/Ib.
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Figure 5.8A. Case 3. OA: 1600CFM, ACH:0.001, Syppt Humidity Ratio: 0.0092 Ib/Ib.

Figure 5.8B. Case 4. OA: 1600CFM, ACH:0.45, SupphHumidity Ratio: 0.0092 Ib/Ib.

In order to reduce the indoor humidity level duritige summer, two approaches can be
taken. One is supplying more dried outside aihtgpace, as shown in Cases 3 and 4. The other
is to further reduce the humidity ratio of the slypair, as in Cases 5 and 6. Indoor humidity
ratios for an increased ventilation rate are shdawikigures 5.8a and 5.8b. 1600CFM is the

potential maximum outside air requirement. If tresidcant ventilation unit runs at 1600CFM
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with an infiltration rate of 0.00LACH, the summadoor humidity ratio can be controlled under
0.01lb/lb (dew point of 6TF). At the current leakage level of 0.45ACH, themidlity ratio can
also be controlled under 0.012Ib/lb (dew point @F§ during most summer hours at the
ventilation rate used in Figure 9b. However, enetggsumption needs to be considered. The
higher ventilation rate will increase the energps@amption in conditioning the outside air, even

though the heat recovery by the enthalpy wheelials@ases.

Figure 5.9A. Case 5. OA: 650CFM, ACH:0.001, SupphHumidity Ratio: 0.008 Ib/lb

Figure 5.9B. Case 6. OA: 650CFM, ACH:0.45, SupphHumidity Ratio: 0.008 Ib/lb.
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Another option for reducing indoor humidity leveils summer is to reduce the supply air
humidity ratio, as shown in Figures 5.9a (Casers) 8.9b (Case 6). The humidity ratio of the
supplied ventilation air is set to 0.008 Ib/Ib (dewint of 52F). Comparing Figure 5.9a with
Figure 5.8a, it can be seen that the indoor hugnlditel in summer is even lower at an OA rate
of 650CFM with a humidity ratio of 0.008Ib/lb tham 1600CFM with a humidity ratio of 0.0092
Ib/lb in a tight building. Figure 5.9b illustratéisat the condition of Case 6 cannot effectively
control the humidity level below 0.012 Ib/lb duritige summer season. Moisture condensation
on cooling panels cannot be avoided under thesdittmms. Figure 5.9a shows that the humidity
level in the tight space of Case 5 is frequentiyhkr than that in the leakier space of Case 6
(Figure 5.9b) during the winter, spring and falhem post cooling is not available. The reason
for the difference is that when a building is leaklye drier outside air removes the indoor

moisture in winter, spring and fall, in a dry clitea

Figure 5.10A. Case 7. OA:650CFM, No Exhaust Air, ATCISupply Air Humidity Ratio: 0.0092
Ib/lb

Because the infiltration has a significant impaettbe indoor humidity ratio in a radiantly
cooled space, measures must be taken to reduaefittration. One method is to pressurize the
building to reduce or stop the outside air entetiing space during the summer. Two cases

(Cases 7 and 8) are simulated. Case 7 assume3St@EM of OA is supplied without exhaust
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air and heat recovery in order to pressurize tleeaspas shown in Figure 5.10a. Case 8 assumes
that 850CFM of OA is supplied and 650CFM of aireishausted with the heat recovery to
slightly pressurize the space, as shown in Figutetb Figures 5.10a and 5.10b indicate that the
indoor humidity ratio can easily be controlled un@e011 Ib/lb (dew point of SE) in both
conditions, if the space is pressurized and thtratfon is reduced to be close to zero. However,
there is another drawback. In Case 7 of Figuredg.fitere is no heat recovery because there is
no exhaust air. In Case 8 of Figure 5.10b, increpshe ventilation air from 650CFM to

850CFM will increase energy consumption.

Figure 5.10B. Case 8. OA: 850CFM, Exhaust Air 650CRKZH:0.001, Supply Air Humidity
Ratio: 0.0092 Ib/Ib.
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Figure 5.11A. System Load, Ventilation Load andtHRecovery of Different Cases

Figure 5.11B Estimation of Net Energy Consumptien Year

Energy consumption values for each of Cases 1 (Ei§wa) through 8 (Figure 5.10b) have
been simulated. The results are shown in FigurEkaband 5.11b. The conditions corresponding
to each of Cases 1 to 8 are given in Table 5.1. vEmtilation system is assumed to run from

6:00am to 8:00pm. The total building system loaddmpared with the ventilation load and the
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heat recovery in each case. The results are showigure 5.11a. The total system load is
calculated by assuming that the OA is conditiongdalmormal air-handling unit without heat
recovery. The ventilation load is calculated byuasing that 100% of the ventilation air is
conditioned by a cooling or heating coil in the ideant unit without heat recovery in order to
compare it with the heat recovered by the desicadeel. From Figure 5.11a, it can be seen that
the higher the ventilation rate, the higher thdding system load and ventilation load. The heat
recovery is also higher. The amount of heat re@/bry a passive desiccant wheel accounts for
50% of the ventilation load. Figures 5.11a and 5.4hbw that the infiltration and ventilation
ratios are two important factors affecting the fatgstem load. These two factors explain why
the system load and the ventilation load of Cases@ 4 are the largest, as shown in Figure
5.11a. By considering the electricity used by tlhssive desiccant wheel itself, the net energy
consumption is as shown in Figure 5.11b. Electricansumption (kWh) is converted to primary
energy (MMBTU) by a conversion factor of 2.5. Thesult shows that Case 1 (OA 650CFM,
ACH 0.001) uses the least energy. The net eneoggwnption of Cases 1, 5, 7 and 8 are
relatively close to each other. Compared with tigoor humidity levels in Figures 5.7 to 5.10, it
can be concluded that Case 8 is the best solutioa fleaky space with a radiant cooling system.
This means that pressurizing the space or sediiadetkage sites is very important to control

condensation in a radiantly cooled space.

5.6 Operation Strategies to Control Condensation
To avoid condensation in a radiantly cooled sp#ue,following operating strategies are

recommended.

Occupants and infiltration air are the main soumkemoisture for the indoor environment
during the summer. Infiltration air can lead to densation on the radiant panels. Checking and
caulking leakage points in the space will reduddtiation and eliminate condensation if the
infiltration is sufficiently reduced. Window opemjs should be restricted in summer when the
radiant cooling is running. The supply air rate iddobe higher than the exhaust air flow, as
shown in Case 8, to pressurize the space. Althcoghe energy is lost when pressurizing the

space, this can be an effective means for comiplidoor humidity level.

The desiccant ventilation system should start adtlene hour before the space is occupied.
When the space is highly occupied, the humidityseeim the space should be able to modulate

the cooling coil control valve in the desiccanttuni reduce the supply air temperature and the
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humidity ratio. Meanwhile, when the measured dewntpof the indoor air is close to the inlet

water temperature of the radiant panel, the irdbtevof the radiant panel should be shut down.

In a radiantly cooled space with an integrated abesit ventilation system, space cooling is
provided by two sources: radiant panels and vdinaair. At low loads, cooling should be
provided by ventilation air. As the cooling loadcieases, the temperature of the supplied
ventilation air should be adjusted to match thedlosvhen the supplied ventilation air
temperature drops to a low limit of %50r 52F at high cooling loads, the inlet control valve of
the radiant panels starts to modulate to maintaénroom air temperature at°F6 The radiant
panels will not be enabled until the indoor dewnpas below a safe limit, such as 0.011Ib/Ib
(dew point of 66F). Then the temperature of the chilled water émgethe panels is modulated
to meet the space-sensible load. The inlet watapéeature should be controlled to be °E-2

higher than the space dew point temperature talavater condensation.

Ventilation systems in radiantly cooled spaces banoversized in the design phase.
Sometimes, the oversized ventilation systems ctsfisdhe cooling load alone, even on a hot
day. However, the higher ventilation rate will iease energy consumption. The supply air fan
should be a variable speed fan to match the véotilair with the space fresh air requirements

so that the space will not be over-ventilated.

A passive desiccant ventilation system increasesnithoor humidity in spring and fall when
there is no cooling load in the space and the posling is shut off to save energy. The indoor
humidity ratio will be too high to be comfortable a tight space, as shown in Figures 5.7a, 5.8a,

and 5.9a. Windows should be allowed to open. Ther dutside air can remove indoor moisture.